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ABSTRACT 
An electric turbocompound (ETC) system for heavy duty 

diesel engines offers significant system level benefits, such as 
improved fuel efficiency and reduced NOx emissions with a 
lower CO2 footprint. Presently, a high speed switched 
reluctance type motor/generator is integrated into a 
turbocharger shaft between the turbine and compressor wheels. 
The motor assists rapid acceleration of the turbocharger shaft, 
thereby rendering faster transient response. At steady or over-
boost operating conditions, the generator provides electric 
power which can be used directly or stored in an on-board 
storage device. ETCs operate at high rotational speeds and, if 
equipped with fluid film bearings, use pressurized engine oil to 
lubricate the bearings (journal and thrust). This paper presents 
comprehensive predictions of the linear and nonlinear shaft 
motions of an ETC supported on floating ring bearings. A rotor 
structural finite element model integrates the floating ring 
bearing model for prediction of the rotor-bearing system (RBS) 
linear and nonlinear forced responses under actual operating 
conditions. Predictions show a complex rotordynamic behavior 
of the RBS with large amplitude subsynchronous motions over 
a wide speed range. However, the subsynchronous whirl 
motions reach a limit cycle enabling continuous operation 
without system failure. Most importantly, stiffness of the 
lamination stack mounted on the shaft has a significant effect 
on the amplitude and frequency content of the shaft motion. 
The present analysis effectively aids to accelerate ETC 
prototype development with increased reliability and product 
troubleshooting.   

 
1. INTRODUCTION 

Turbochargers increase the mass of air forced into the 
cylinders of internal combustion engines (ICEs) by increasing 
air density, thereby increasing the power output of the engine. 
This enables smaller and more fuel-efficient ICEs [1]. Figure 1 
depicts a schematic view (not to scale) of a turbocharger 
supported on floating ring bearings (FRBs). The major 
components of the turbocharger are the turbine, compressor, 

shaft, bearings, and housings. Oil is supplied through the 
bearing housing and flows into two FRBs. Each bearing has 
two fluid films in series; inner and outer films separate the shaft 
OD from the ring ID and the ring OD from the bearing housing 
ID, respectively. Exhaust gases drive a turbine which is 
connected to a compressor through a thin solid shaft. Then, the 
compressor forces compressed air into the engine cylinder, 
thereby improving combustion efficiency and power output.  

    

Floating ring bearings

Compressor 

wheel

Turbine 

wheel

Shaft

Oil 

supply

Bearing 

housing

 
Fig. 1 Schematic view (not to scale) of typical commercial 
turbocharger rotor-bearing system. Reproduced from [2] 
 

An electric turbocompound (ETC) system promises a 
significant improvement in boost pressure during transient 
events, thereby providing an effective solution to turbo-lag [3-
5]. Furthermore, an ETC generates electric power for a 
vehicle’s auxiliary systems [6]. Smaller engines, enabled by an 
integrated electric machine with enhanced transient response, 
also aid to satisfy environmental restrictions by reducing fuel 
consumption and CO2 output. 

Presently, an ETC integrates a switched reluctance (SR) 
motor/generator into a turbocharger shaft between the turbine 
and compressor wheels. SR machines enable simple and rugged 
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structure. SR machines consist of a stator with excitation 
windings and magnetic rotor with saliency. The most notable 
feature of SR machines is no windings or permanent magnets 
on the rotors; therefore, the only excitation source consists of 
stator windings. Hence, the resistive winding losses in SRMs 
occur on the stator. This enables easy and effective cooling 
strategy for SR machines [7]. References [8-12] report the 
recent efforts to demonstrate high speed turbomachinery at 
extreme temperatures deploying SR machines. Note that careful 
thermal and mechanical stress managements are mandatory 
when incorporating a SR motor/generator into a high 
temperature application. 

The rotor-bearing system is one of the most important design 
features for a reliable turbocharger since the static and dynamic 
forced performance of the turbocharger significantly relies on 
its bearing system. Most commercial automotive turbochargers 
integrate engine oil lubricated FRBs (or semi-FRBs

1
) because 

of their low cost and reduced power losses [13]. Figure 2 
illustrates a schematic view for a typical FRB. FRBs are prone 
to show (one or multiple) subsynchronous motions of large 
amplitude, caused by the circumferential flow (shearing) within 
inner and outer films, over extended operating speed ranges 
[14]. Nonetheless, FRBs reach stable limit cycles enabling 
continuous operation, thereby providing a cost-effective 
solution for automotive turbochargers. References [15-20] 
provide extensive review of relevant literature on FRBs (as well 
as semi-FRBs) and present comprehensive comparison of 
predictions to measured shaft motions and TC casing 
accelerations. 
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Fig. 2 Photograph of a floating ring bearing for automotive 
applications. Shaft and oil films not to scale. 

 
This paper presents the linear and nonlinear rotordynamic 

analyses of a rotor-bearing system for an ETC. The linear 
rotordynamic model with linearized bearing force coefficients 
predicts the rotor free-free modes, the onset speed of instability, 
and the synchronous response to imbalance. The nonlinear 
response model predicts amplitudes and whirl frequencies of 
sub harmonic motions, as well as the overall shaft motions. The 
current study also quantifies the effect of stiffness of the 
lamination stack of the shaft on rotordynamic forced 
performance. The present analysis will aid in reducing overall 
product development time and expenditures. Note that 
turbocharger performance qualification typically requires 
extensive testing that is expensive and time-consuming. 

                                                           
1 In a semi-floating ring bearing (SFRB), the floating ring is locked by a pin 
which prevents the rotation of the ring, i.e., the outer oil film acts as a squeeze 
film damper (SFD). 

 
2. ETC STRUCTURAL AND FLOATING RING 
BEARING MODELS 

Figure 3 shows the ETC rotor structural model consisting of 
55 finite elements for the rotor, including the thrust collar, 
washer, and nut. The compressor and turbine wheels (the 
circles in the figure) are modeled as added lumped mass and 
mass moments of inertia (transverse and polar), as is common 
in rotor modeling [21]. Table 1 lists the mass and inertias of the 
compressor and turbine wheels. The thrust collar, thrust washer, 
nut, compressor-end and turbine-end collars are considered to 
contribute fully to the bending stiffness of the shaft. In the 
figure, springs connecting the bearings to ground represent the 
outer fluid films. The inner film connections are not visible. 
The model includes imbalance mass distributions in 4 planes 
(the triangles in the figure); nose and back planes of the 
compressor wheel (CW), and back and front faces of the 
turbine wheel (TW). In the present analysis, the imbalance 
masses are ~0.36 g-mm at compressor nose and back surface, 
and ~0.22 g-mm at turbine nose and back surface, with ~60° 
phase difference between CW and TW. 
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Fig. 3 ETC structural finite element model of rotor and 
floating ring bearings 

 
Table 1. Mass and inertias of compressor and turbine 
wheels 

Component Mass [kg] 
Transverse moment 
of inertia [kg-m2] 

Polar moment 
of inertia  
[kg-m2] 

Compressor wheel 0.072 1.69×10-5 2.32×10-5 

Turbine wheel 0.231 4.33×10-5 4.56×10-5 

 
The present system integrates a three-phase SR machine with 

6 stator poles and 4 rotor poles (i.e., 6/4 topology). The 
configuration does not have any zero-torque position

2
 and 

enables a constant torque output independent of rotor position. 
The CW and TW are taken from a commercial turbocharger 
(namely, a baseline turbocharger) and the shaft and bearings are 
modified to employ a lamination stack at the rotor mid-span. 
The lamination stack is modeled as 4 finite elements as shown 
in Fig. 3

3
. Note that the effective material properties of the 

                                                           
2 For a symmetric SRM with m stator poles and n rotor poles, zero torque 
positions exist if the ratio m/n is an integer [7]. 
3 Presently, the rotor is modeled using axisymmertic beams in a 2-dimensional 
system. This limits the modeling of “real” structures of the rotating 
components. Unfortunately, a beam element cannot represent an entire “actual” 
system. 
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lamination largely determine the overall rotor structural 
characteristics. It is incorrect to model the stiffness of the rotor 
without the lamination stack [21,22]. Incidentally, large 
clamping pressure (i.e., axial compressive force) to the 
lamination stack could increase its stiffness contribution to the 
shaft. References [21,23] show the effective modulus of the 
stack increases linearly with compressive stress. 

Since the actual stiffness of the lamination stack is currently 
unknown without actual hardware, extensive rotordynamic 
analyses are conducted for two cases: no stiffness from the 
stack (i.e., the lamination stack is of null modulus value with 
actual density) and full stiffness from the stack (i.e., the 
lamination stack has an actual material modulus value and 
density). To accurately determine the contribution of the 
lamination stack to the ETC’s shaft stiffness, a series of impact 
tests for the rotor are necessary (when the test components are 
available)

4
. Note that validation of the ETC rotordynamic 

model requires good correlation between measured and 
predicted rotor physical properties, as well as free-free natural 
frequencies and mode shapes. This is mandatory for providing 
the accuracy of the rotor structural model.  

FRBs have two fluid films in series. The inner and outer film 
clearances along with the lubricant viscosity within each film 
mainly determine the FRB forced performance. Viscous shear 
in the inner film renders the rotation of the floating ring, while 
shear in the outer film retards its motion. The ring spins at a 
fraction of rotor speed, thereby reducing the shear drag losses 
[15]. The rotational speed of the ring determines the steady 
state and dynamic forced response of a rotor-bearing system. In 
operation, the mechanical energy is carried away (convected) 
by the lubricant and conducted through the ring and bearing. 
Temperature rise in the bearings reduces the lubricant viscosity 
and changes bearing operating clearances due to thermal 
expansion of the components. The balance of drag torques 
acting on the ring inner and outer surfaces determines the ring 
rotational speed [15]. Each FRB supports a static load equal to 
a fraction of the rotor weight

5
.  

The FRB model, based on the numerical solution of the 
laminar flow Reynolds equation on the inner and outer fluid 
films and integrated into a commercial nonlinear rotordynamics 
computational tool [24], predicts the static load parameters and 
the rotordynamic force coefficients of the inner and outer films 
as a function of the load applied at a given rotor speed. Note 
that the operating clearance, the effective lubricant viscosity, 
and the actual load conditions (static and dynamic), are the 
most important parameters for accurate estimation of an ETC 
dynamic forced response. The current prediction accounts for 
the decrease in oil viscosity due to high temperature operation 
(lubricant: SAE 10W30) and the net thermal expansion of the 
shaft, bearing housing, and floating rings that significantly 
change the bearing operating clearances. The turbine and 
compressor bearing temperatures are estimated from 

                                                           
4 The simple rap test consists of suspending the rotor, impacting the rotor with 
a hammer, and recording the amplitude of the transfer function between a 
stationary and a roaming accelerometer versus the rotor axial length. 
5 Actual static load acting on a bearing is unknown since the compressor and 
turbine also impose side aerodynamic loads, with magnitudes increasing rapidly 
as the shaft speed rises. The present bearing computational model does not 
consider the effect of feed oil pressure into the bearings. San Andrés et al. [17] 
show that feed oil pressure exerts a significant side load on small turbochargers. 
 

proprietary baseline turbocharger experimental data (turbine 
side bearing: 150°C and compressor side bearing: 125°C). At a 
hot operating condition (i.e., an industrial standard gas stand 
test), the turbine-end bearing inner clearance increases by 
~44% and its outer clearance decreases by ~19% while the 
compressor-end bearing inner clearance increases by ~33% and 
its outer clearance decreases by ~17%. Centrifugal growths of 
the rotating shaft and ring, a function of their geometry and 
material properties [25], are just ~0.25 µm and ~0.05 µm, 
respectively; therefore, this effect is not accounted for in the 
model. 

Table 2 lists the material properties of the rotating 
components and the bearing housing at room temperature. Note 
that in real operation at high temperature, the materials are not 
impervious to heat and suffer material softening as their 
temperature increases. 

 
Table 2 Material properties of rotor components and 
bearing housing 

Component Material 
Density 
[kg/m3] 

Elastic 
modulus 

[GPa] 

Shear 
modulus 

[GPa] 

Poisson’s 
ratio 

Thermal 
expansion 
coefficient 

[10-6/K] 

Shaft, 
thrust 

collar , 
thrust 

washer, and 
nut 

AISI 4140 7860 204 79 0.3 12 

Compressor 
wheel 

Aluminum 
alloy 

2750 70 26 0.22 5.5 

Turbine 
wheel 

Inconel 
718 

7910 202 80 0.28 13 

Floating 
ring 

bearing 

Special 
brass 

8100 105 39 0.35 20.4 

Bearing 
housing 

Cast iron 7150 240 67.6 0.37 12.5 

 
The equations of motion for the ETC rotor-bearing system 

are [26] 

FKuuGuCuM =+Ω++ &&&&  (1) 

where M, C, and K are inertia, damping and stiffness matrices 
and G is the gyroscopic moments matrix. u is the rotor and 
floating ring response vector. F is a vector of external and 
bearing reaction forces and moments, and consists of a vector 
of static loads (FS), a vector of force from imbalance masses 
(FImb), a vector of force from the fluid film bearing reaction 
forces (FFRB), and a vector of external excitation forces and 
moments (FExt), i.e., F=FS+FImb+FFRB+FExt. Note that FFRB has a 
cross-coupled term and relies on the rotor instantaneous 
position (u) and velocity ( u& ). Therefore, for the nonlinear 

rotordynamic analysis, FFRB is calculated at each time step and 
integrated into the system equations of motion. Each node for 
the rotor structural finite element has four degrees of freedom; 
two lateral and two rotational displacements. Note that all rotor 
dynamic motion amplitudes are referenced to a fixed coordinate 
system (i.e., absolute values). Presently, it is assumed that the 
ETC housing is not subjected to any external loading. 
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3. PREDICTIONS OF ETA ROTOR-BEARING SYSTEM 
RESPONSE 
3.1 Full Stiffness Contribution of Lamination Stack to 

Rotor Mid-Span 
3.1.1 Linear analysis.  
To add significant stiffening effect to the rotor mid-span, the 

material properties of the lamination stack calculated from the 
rule of the mixtures

6
 [27] are used in the rotor structural model 

(namely, full stiffness lamination stack). In practice, an 
appropriately reduced lamination material modulus can be used 
as an input of the rotor model when some stiffness contribution 
is present. 

Figure 4 depicts the predicted free-free mode shapes 
corresponding to the first and second natural frequencies for the 
full stiffness lamination stack. The first and second elastic (i.e., 
bending) modes are ~60 krpm and ~160 krpm, respectively. 
Note that the ETC traverses the system bending critical speed 
since its maximum operating speed is ~150 krpm.   

 

 
(a) 1st free-free natural frequency (~60 krpm) and mode shape 
 

 
(b) 2nd free-free natural frequency (~160 krpm) and mode 
shape 
Fig. 4 Full stiffness contribution of lamination stack to the 
rotor mid-span: Predicted 1

st
 and 2

nd
 free-free natural 

frequencies and mode shapes of ETC rotor.  

 
The linear eigenvalue analysis predicting the rotor-bearing 

system natural frequencies and damping ratios incorporates the 
linearized force coefficients (stiffness and damping) for the 
inner and outer films of the bearings. Figures 5 and 6 depict the 
dimensionless force coefficients (defined in [28]

7
) of FRB inner 

and outer films calculated at a whirl frequency synchronous 
with rotor speed for the compressor-end and turbine-end 
bearings, respectively

8
. The inset in the figure shows a 

schematic view of the coordinate system. As the rotor speed 
increases, the fluid film direct stiffnesses are nearly zero 
because of the very low static loads on the bearings. Note that 
the cross-coupled stiffnesses are higher than the direct stiffness. 
On the other hand, the direct damping coefficients are higher 

                                                           
6 This method takes the full modulus of elasticity of the lamination (210 GPa) 
and glue (3 GPa) materials.  
7 
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calculated forced coefficients (stiffness and damping), µ is the lubricant 
viscosity, Ω is the rotor/ring speed, D is the (cold) rotor/ring diameter, L is the 
(cold) bearing film length, and cr is the (cold) bearing radial clearance. 
8 Complete information on the FRB geometry is proprietary; hence, it is not 
listed in this paper. The authors apologize in advance for this limitation. 

than the cross-coupled damping coefficients. The damping 
coefficients decrease with rotor speed since the rotor and 
floating ring move towards the bearing center as the rotor speed 
increases. It is important to note that (Kxy>0 and Kyx<0) 
provides energy to forward whirl and Kxy =-Kyx renders a 
tangential (or normal to radial) force normal to the rotor whirl 
orbit (i.e., a typical drive of rotor-bearing system instability) 
[29]. 
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(a) Inner film: Stiffnesses 
(b) Inner film: Damping 
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(c) Outer film: Stiffnesses 
(d) Outer film: Damping 

coefficients 
Fig. 5 Compressor-end bearing: Predicted FRB normalized 
direct and cross-coupled force coefficients versus rotor 
speed. Whirl frequency equals rotor speed. 
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(a) Inner film: Stiffnesses 
(b) Inner film: Damping 
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(c) Outer film: Stiffnesses 
(d) Outer film: Damping 

coefficients 
Fig. 6 Turbine-end bearing: Predicted FRB normalized 
direct and cross-coupled force coefficients versus rotor 
speed. Whirl frequency equals rotor speed.  
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Figures 7 and 8 depict the predicted damped natural 
frequency map and damping ratios of the ETC rotor-bearing 
system, respectively, along with corresponding forward 
precessional rotor natural mode shapes: two rigid conical and 
cylindrical modes, two modes with bearing ringing modes, and 
two elastic modes. The black dashed line denotes the rotor 
synchronous speed (1X=Ω), 50% of rotor speed (0.5Ω), ring 
rotational speed (~0.22Ω)

9
, and 50% of ring rotational speed 

(~0.11Ω). Only the first elastic mode shape corresponds with a 
rotor speed at ~60 krpm. The 1

st
 and 2

nd
 rigid mode natural 

frequencies range from ~30 Hz to ~150 Hz as rotor speed 
increases. These modes are well-damped below ~40 krpm; 
however, they are unstable at rotor speed above ~50 krpm (i.e., 
negative damping ratios). The 4

th
 natural frequency corresponds 

to a conical mode with the floating ring whirling in a 
cylindrical mode. This mode is also unstable at rotor speed 
below ~100 krpm and above ~125 krpm. Note that the linear 
rotordynamic analysis is representative only of small amplitude 
motions about the (static) equilibrium condition. 

Figure 9 depicts the predicted amplitude of imbalance 
synchronous rotor response at the compressor end obtained 
from the linear analysis. The amplitudes of response are 
normalized with respect to the maximum physical displacement 
at the compressor end. The synchronous response from the 
linear rotordynamic analysis shows peak amplitude at ~60 
krpm. As shown in Fig. 7, the 1

st
 elastic mode (ζ=0.03) 

coincides with the rotor synchronous speed (Ω) at this 
frequency. 
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Fig. 7 Full stiffness contribution of lamination stack to the 
rotor mid-span. Linear analysis: Predicted damped natural 
frequency map of ETC rotor-bearing system. Forward 
modes shown. 

 

                                                           
9 The ring speed ratios (=ring speed/rotor speed) for the compressor-end and 
turbine-end bearings are 0.20 and 0.22, respectively. 
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Fig. 8 Full stiffness contribution of lamination stack to the 
rotor mid-span. Linear analysis: Predicted ETC rotor-
bearing system damping ratios versus rotor speed. 
Forward (unstable) modes shown. 
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Fig. 9 Shaft motions at compressor end. Full stiffness 
contribution of lamination stack to the rotor mid-span. 
Linear analysis: Lag phase angle and amplitude and of 
synchronous response.  

 
3.1.2 Nonlinear analysis.  
For the nonlinear rotordynamic analysis, the instantaneous 

reaction force of the fluid film bearings are applied into the 
ETC rotor-bearing system equations of motion. For numerical 
integration, Wilson-theta method is used in all calculations with 
a time step increment of 1.5×10

-6
 s and time duration 0.09 s for 

each rotor speed [24]. The total number of integration points 
(samples) is 32,609 for each rotor speed. The rotor speed 
increases from 10 krpm to 150 krpm. Note that in the analysis, 
the rotor speed is held constant. Thus, the prediction represents 
(quasi) steady-state conditions at a particular rotor speed. At 
each rotor speed, the numerical integration of the system 
equations of motion proceeds for many shaft revolutions until a 
steady limit cycle is reached. FFTs of the rotor-FRB time 
response are obtained in the post-processing and the waterfall 
graph is assembled. 

Note that a nonlinear analysis determines the threshold of 
instability as a bifurcation from a single point into a limit cycle 
of a single frequency or a quasi-periodic orbit [30]. Internal and 
combined resonances are not uncommon in nonlinear multiple 
degree of freedom mechanical systems [31]. 
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Figure 10 depicts the predicted waterfall plots (amplitude and 
frequency content, and contour plots) of vertical (i.e., gravity 
plane) rotor motions at the compressor end. The synchronous 
response is labeled as Ω(=shaft rotational speed). From 10 
krpm to 60 krpm, there is dominance of synchronous rotor 
motions. On the other hand, above ~65 krpm, rotor 
synchronous motion amplitudes, i.e., response to imbalance, are 
a minute fraction of the shaft total motion. The first 
subsynchronous whirl frequencies from 65 krpm to the top 
rotor speed are at ~50% of floating ring rotational speed (i.e., 
~0.11Ω) denoting a characteristic instability of the outer fluid 
film. The first whirl frequency increase linearly with rotor 
speed and follows the conical (or conical-cylindrical) mode up 
to the top speed, recall Fig. 7. The second subsynchronous 
motions of lesser amplitude at rotor speed > ~130 krpm appear 
at ~50 % of rotor speed (i.e., ~0.5Ω). This subsynchronous 
frequency is characteristic of the inner film instability.  
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Fig. 10 Full stiffness contribution of lamination stack to the 
rotor mid-span. Nonlinear analysis: Waterfalls of predicted 
ETA shaft motions at compressor end. 

 
Note that the rotor forced modes corresponding to the first 

and second whirl frequencies above ~65 krpm resemble those 
obtained from the system linear eigenvalue analysis (see Fig. 
7). However, since the linear rotordynamic analysis is valid 
only for small amplitude motions about the equilibrium 
condition, the whirl frequencies from the nonlinear forced 
response model are not identical with the predicted (linear) 
system natural frequencies. In addition, there is little 
discrepancy between the linear RBS response (Fig. 9) and the 
synchronous response obtained from nonlinear analysis (Fig. 
10). However, recall the abundant sub harmonic motions found 
and displayed in Fig. 10. It is important to note that linear 
rotordynamic analysis produces satisfactory predictions for 
speed ranges up to the onset of instability [16,32]. Instabilities 
associated to the loss of damping are found at a certain 
threshold rotor speed, recall Fig. 8. 

Predicted motions along the horizontal direction are not 
shown for brevity. The horizontal displacements are also rich in 
subsynchronous components as in the vertical motions. 

Accurate prediction of overall shaft motion (i.e., peak-to-
peak amplitude of the complex orbital shape) is of the utmost 
importance to the turbocharger manufacturer for qualification 
of its product. At rotor speeds of 50, 70, 90, and 150 krpm, Fig. 
11 depicts transient motions of the ETC rotor and rotor whirl 
orbits (unfiltered) at the compressor-end and turbine-end 
bearings. The inset figure shows the rotor structural model and 

the location of the FRBs. Note that all rotor whirl orbit 
amplitudes are made dimensionless relative to the maximum 
physical displacement at each bearing location. The ETC shaft 
motions reach limit cycles within the rotor-bearing clearance 
physical limit (between 10~70% of the maximum allowed shaft 
motions), which allows the ETC to operate safely at high 
speeds. Note that the nonlinear behavior, i.e., low frequency 
(mainly conical mode) limit cycles of large amplitude, is 
typical of turbochargers supported on (lightly loaded) floating 
ring bearing systems. 
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Fig. 11 Full stiffness contribution of lamination stack to the 
rotor mid-span. Nonlinear analysis: Rotor transient motions 
and whirl orbits (unfiltered) at bearing locations. Rotor 
speed of 50, 70, 90, and 150 krpm 
 

3.2 No Stiffness Contribution of Lamination Stack to Rotor 

Mid-Span 
Presently, no stiffness lamination stack represents no 

additional stiffness contribution from the lamination stack to 
the shaft. That is, the density of the lamination stack is retained 
but the modulus is set to zero. Therefore, the lamination stack is 
not included in the bending stiffness model of the rotor.  

Figure 12 shows the predicted free-free mode shapes 
corresponding to the first and second natural frequencies for the 
no stiffness lamination stack. The first and second elastic (i.e., 
bending) modes are ~32 krpm and ~131 krpm, respectively. 
Note that, for rotor operation up to 150 krpm, the ETC with the 
no stiffness lamination stack crosses the first and second system 
bending critical speeds. Recall that the ETC shaft with the full 
stiffness lamination stack shown in Fig. 4 renders the first and 
second free-free natural frequencies at ~60 krpm (~88% higher 
than Fig. 12 (a)) and ~160 krpm (~22% higher than Fig. 12(b)), 

CW (left) TW (right)

Bearings



 

Copyright ©2012 by ASME 7

respectively. Details on linear eigenvalue analysis are omitted 
for brevity. 
 

 
(a) 1st free-free natural frequency (~32 krpm) and mode shape 
 

 
(b) 2nd free-free natural frequency (~131 krpm) and mode 
shape 
Fig. 12 No stiffness contribution of lamination stack to the 
rotor mid-span: Predicted 1

st
 and 2

nd
 free-free natural 

frequencies and mode shapes of ETC rotor. 
 

Figure 13 depicts the predicted waterfall of ETC shaft motion 
at the compressor end along the vertical direction (i.e., gravity 
plane). The figure also shows the contour map of shaft motions. 
The prediction shows two notable subsynchronous whirl 
motions at ~50% ring speed above 50 krpm and ~50% shaft 
speed below 70 krpm. In particular, beyond 70 krpm, the 
response amplitudes due to rotor imbalance are just a small 
fraction (10~20% or less) of the total amplitude of motion.  

To quantify the stiffness effect of the lamination stack on the 
onset and persistence of sub harmonic whirl motions, compare 
the present waterfall plot with that for the full stiffness 
lamination stack, see Fig. 11. The lamination stack stiffness 
remarkably changes the onset and amplitude severity of 
subsynchronous whirl motions. The stiff rotor due to full 
stiffness lamination stack exacerbates the severity of the 
subsynchronous response. Note that at the ~50% frequency 
whirl (~0.5Ω) disappears for rotor speed > ~90 krpm. 
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Fig. 13 No stiffness contribution of lamination stack to the 
rotor mid-span. Nonlinear analysis: Waterfalls of predicted 
ETA shaft motions at compressor end.  
 

At rotor speeds of 30, 50, 90, and 150 krpm, Fig. 14 depicts 
transient motions of the ETC rotor and rotor whirl orbits 
(unfiltered) at the compressor-end and turbine-end bearings. 
The inset figure shows the rotor structural model and the 
location of the FRBs. Rotor whirl orbit amplitudes are made 
dimensionless relative to the physical limit at each bearing 
location. The overall amplitudes of shaft motion at the bearing 
locations, increasing with rotor speed, are <70% of the physical 
limit, i.e., within well-confined physical limits. 
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Fig. 14 No stiffness contribution of lamination stack to the 
rotor mid-span. Nonlinear analysis: Rotor transient motions 
whirl orbits (unfiltered) at bearing locations. Rotor speed of 
30, 50, 90, and 150 krpm 

 
4 CONCLUSIONS AND FUTURE WORK 

The paper presents the linear and nonlinear rotordynamic 
models of the rotor-bearing system for an ETC. The shaft of the 
ETC is supported on FRBs. Changes in operating clearance due 
to thermal expansion of the system components and effective 
lubricant viscosity are most important for accurate prediction of 
ETC dynamic forced response. Linear rotordynamic analyses 
predict natural frequencies and damping ratio of the rotor-
bearing system from an eigenvalue analysis. The nonlinear 
rotordynamic model integrates the rotor equations of motion 
with each bearing for prediction of system time responses. The 
fluid film reaction forces depend on the instantaneous shaft and 
ring displacements and velocities, bearing geometry, and 
operating conditions. Nonlinear predictions show two 
distinctive subsynchronous motions of significant amplitudes 
(limit cycles) over a wide speed range. Stiffness of the 
lamination stack mounted on the shaft clearly shows a 
pronounced effect on the amplitude and frequency content of 
the ETC shaft motion. If the lamination stack adds significant 
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stiffness to the rotor mid-span (i.e., full stiffness lamination 
stack), whirl motions at ~50% shaft speed appear at 130 krpm 
and endure to the highest shaft speed (150 krpm). In addition, 
larger stiffness of the lamination stack produces higher 
amplitudes of the first subsynchronous whirl (~50% ring speed) 
motion at the bearings. The motions with the whirl frequency at 
~50% ring speed persist from 65 krpm and 50 krpm to the top 
speed for full stiffness and no stiffness lamination stacks, 
respectively. For both cases, the largest subsynchronous 
amplitudes concentrate at whirl frequencies ~50% of floating 
ring rotational speed, thereby denoting a characteristic 
instability of the outer films in the FRBs. Other 
subsynchronous motion with smaller amplitude locates at ~50% 
shaft speed, thus showing characteristics of the inner film 
instability. The subsynchronous frequencies of motion do not 
lock (whip) at system natural frequencies but continuously 
track with rotor speed. Most noticeably, the subsynchronous 
whirl motions of the ETC reach a limit cycle enabling 
continuous operation. The linear rotordynamic model predicts 
reasonably the onset speed of instability using linearized 
bearing force coefficients. However, the linear analysis cannot 
predict the severity of the subsynchronous whirl motions (i.e., 
its amplitude). 

In real turbocharger operation, variations in oil supply 
conditions, rotor speed ramp rates, and mass imbalance 
configurations largely determine subsynchronous whirl 
frequency motions (amplitude and frequency) of the rotor-
bearing system [16,33]. This is because, these motions are a 
result of the nonlinearity [34] and oil-whirl induced instability 
from hydrodynamic fluid film bearings (i.e., inner and/or outer 
films of FRBs) [26,28].     

A prototype ETC is currently under construction. After the 
hardware is fabricated, the present rotor structural model will 
be tuned to match the measured free-free mode natural 
frequencies and mode shapes. Extensive imbalance response 
experiments will be performed to validate current predictions. 
More extensive thermal and mechanical analyses will continue 
to advance the current knowledge on the transient response of 
an ETC at a system level. Accurate and efficient computation 
tools, experimentally benchmarked, for prediction of 
turbocharger nonlinear rotordynamic response are essential to 
significantly reduce time in new turbocharger development 
with marked cost savings in product qualification. Future 
publication will continue to advance knowledge gained with 
this novel turbocharger technology.  
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NOMENCLATURE 

c  Non-dimensional bearing damping coefficient 

C Global damping matrix 

CB Bearing damping coefficient 

cr Bearing radial clearance at room temperature 

D Rotor or floating ring diameter at room temperature 

F Vector of forces and moments 

FExt Vector of external excitation forces 

FFRB Vector of bearing reaction forces 

FImb Vector of mass imbalance forces 

FS Vector of static loads 

G Global gyroscopic matrix 

k  Non-dimensional stiffness coefficient 

K Global stiffness matrix 

KB Bearing stiffness coefficient 

L Bearing film length at room temperature 

M Global mass matrix 

u Rotor instantaneous position 

ζ Damping ratio 

µ Lubricant viscosity 

Ω Shaft rotational speed  

  

Acronyms  

CW Compressor wheel 

ETC Electric Turbocompound 

FRB Floating ring bearing 

ICE Internal combustion engine 

ID Inner diameter 

OD Outer diameter 

RBS Rotor-bearing system 

SR Switched reluctance 

TW Turbine wheel 
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