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A Review of the Experimental Estimation of the Rotor 
Dynamic Parameters of Seals

R. Tiwari, S. Manikandan and S.K. Dwivedy

ABSTRACT—In this paper, we present a critical review of the
experimental estimation of the rotor dynamic parameters
(RDPs) of different types of seals. The main focus is on rotary
seals for high-speed and high-pressure applications. These
play an active role between the rotating and stationary parts
of turbomachinery to prevent working fluid leakage; however,
they can cause rotor instability. The main parameters that
govern the instability are the RDPs of seals. This review
includes a variety of rotary seals, a description of experimen-
tal rigs and measurement techniques, parameter estimation
procedures, and uncertainty analysis. Based on the state of
the art in the experimental estimation of the RDPs of seals,
conclusions are made and future directions are suggested. 
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1. Introduction

Seals are mainly used to reduce the leakage of working
and lubricating fluids through the interface between machine
parts. Some leakage is inevitable, and it results in axial fluid
velocities though the seal in the direction of the pressure
drop. The present-day requirements of critical sealing appli-
cations have a diverse range of operating condition require-
ments, such as (i) cryogenic temperature, (ii) hard vacuum,
(iii) ultra-clean systems, (iv) leakage control to 10–12 cc s–1,
(v) pressures over 100 bar, (vi) temperatures exceeding
800°C, (vii) hard-to-handle liquids and gases, (viii) high
pressure pulsations, and (ix) rotor speeds as high as 105 rpm.
These extreme conditions of seals are challenging tasks in
the space age aviation and aerospace industries.

The importance of calculations of rotor dynamic parame-
ters (RDPs)—rotordynamic (or dynamic) parameters are
also known as: seals force (or moment) coefficients; added-
mass, damping and stiffness coefficients; linearized rotordy-
namic parameters; dynamic impedances—of seals arose in
the late 1970s with regard to instability problems within the
operating speed range of compressors used in many indus-
tries and vibration problems related to high-pressure oxygen

turbopump of the space shuttle main engine. Seals in the
high-speed operations of turbomachines lead to instability.
The main factor that governs the instability is the RDPs of
seals. Although the importance of seal RDPs is generally
well recognized by the design engineer, it is often the case that
theoretical models available for predicting it are accurate
for very specific cases. Moreover, RDPs of seals are greatly
dependent on many physical and mechanical parameters,
such as lubricant and working fluid temperatures, pressure
drop, seal clearances, surface roughness and patterns, rotor
speeds, eccentricity, and misalignments, and these are diffi-
cult to obtain accurately in actual test conditions. It is for this
reason that designers of high-speed rotating machinery pre-
fer experimentally estimated values of RDPs of seals in their
calculations.

In this paper, a review has been made of the experimental
estimation methods of RDPs of seals with the main focus on
rotary seals. Table 1 contains a chronological list of source
material, with brief details, on the experimental estimation
of the RDPs of seals.

1.1. Classification of Seals

Seals are broadly classified as liquid and gas seals
according to the working fluid used in the system. The most
common working fluids are water, air, nitrogen, triflurobro-
momethane (CBrF3), liquid oxygen, liquid hydrogen, etc. In
addition, they can be categorized as static and dynamic
seals. Static seals are used where the two surfaces do not
move relative to one another. Gasket-type seals are static
seals (Figure 1). Dynamic seals are used where sealing takes

Figure 1.  Static seal (gasket).
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Table 1. A chronological summary of the literature on the experimental estimation of the RDPs of seals.

Reference Type of seals, 
working fluids and 

applications

Seal dimensions
(mm, wherever 

applicable)

Speeds (rpm), 
Reynolds numbers, 

pressures and 
pressure differences 

(bar)

Transducers, exciters and 
type of excitations

(parameter estimation 
domain)

Parameters 
estimated 

(uncertainty 
analysis)

Black and 
Jenssen 
(1969/70)

PAS*,

Water,
Centrifugal pumps.

L/D = 0.25, 0.5 and 1,
D = 50.8,
C = 0.272

ω = 8000,
Ra = 6000 – 20000, 
P = 17.2.

Disp. transducers,
Unbalance: Sinusoidal. 
(Time)

Stiffness
(UNR)

Falco et al. 
(1984)

PAS,
Water,
Centrifugal pumps.

L/D = 0.25, 0.75 and 
1.25, D = 160,
C = 0.18.

ω = 750 to 5000, 
∆P = 10 – 35. 

Disp. transducers,
Hydraulic shaker: 
Sinusoidal. (Freq.)

Stiffness and 
damping
(UNR)

Nordmann 
and 
Massmann 
(1984)

PAS,
Water,
Turbopumps.

L/D = 1.667,
D = 21,
C = 0.35.

ω = 6000,
Ra = 10530,
Rw = 2887, 
∆P = 2.23.

Disp. transducers 
(Inductive),
Impact hammer: 
Impulsive. (Freq.)

Mass, stiffness 
and damping
(UNR)

Kanki and 
Kawakami 
(1984)

PAS and SS,
Water,
Centrifugal pumps.

L/D = 0.2 and 1,
D = 200,
C = 0.5

ω = 2000,
∆P = 10. 

Disp. transducers,
Hydraulic shaker: 
Sinusoidal. (Freq.)

Mass, stiffness 
and damping
(UNR)

Childs and 
Kim (1985)

HDS and DDS
CBrF3,
HPOTP.

L/D = 0.491
D = 101.6,
C = 0.527.

ω = 7500,
∆P = 20. 

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Mass, stiffness 
and damping
(UNR)

Childs and 
Dressman 
(1985)

TPAS,
Water,
Centrifugal pumps.

L/D = NA,
D = 101.6, C = 0.508 
(in) and 1.126 (out).

ω = 4152,
∆P = 10.

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Stiffness and 
damping
(UNR)

Childs et al. 
(1986)

PAS, HS and LS,
Air,
HPOTP.

L/D = 0.327,
D = 152.8,
C = NA. 

ω = 8000,
P = 7.7.

Disp. transducers (eddy-
current), accelerometers and 
quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness and 
damping
(UNR)

Nelson et al. 
(1986)

TPAS,
Air,
Compressors. 

L/D = 0.333, D = 240,
C (in) = 0.737 and 
1.114, C (exit) = 
0.737. 

ω = 200 – 8000,
P = 1.7 – 7.2.

Disp. transducers (eddy-
current), accelerometers and 
quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness and 
damping
(UNR)

Childs and 
Kim
(1986)

RDS,
CBrF3,
Turbopumps.

L/D = 0.491,
D = 101.6,
C = 0.527, h = 0.102.

ω = 7600,
∆P = 25.

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Mass, stiffness, 
and damping.
(UNR)

Childs and 
Scharrer 
(1986)

LS (TOS and 
TOR),
Air,
Turbopumps. 

L/D = 0.336, 
D = 151.36,
C = 0.406, h = 3.175.

ω = 8000,
P = 8.25.

Disp. transducers (eddy-
current), accelerometers and 
quartz load cells.
Hydraulic shaker: Sinusoidal. 
(Freq.)

Stiffness, 
damping and 
uncertainty. 

Childs and 
Garcia
(1987)

SDS,
CBrF3,
Turbopumps.

L/D = 0.491,
D = 101.6,
C = 0.527.

ω = 7600,
∆P = 25.

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Mass, stiffness 
and damping.
(UNR)

Childs and 
Scharrer 
(1988)

LS (TOS and 
TOR), Air,
Turbopumps.

L/D = 0.35 and 0.336, 
D = 145 and 151.36, 
C = 0.3, 0.33, 0.4, 0.5 
and 0.55, h = 3.175.

ω = 16000,
P = 8.22.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness, 
damping and 
uncertainty.

Hawkins
et al. (1989)

LR/HS,
Air,
Turbopumps. 

L/D = 0.35,
D = 145, C = 0.203, 
0.304 and 0.406.

ω = 16000,
P = 8.22.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness, 
damping and 
uncertainty.
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Childs et al. 
(1989)

HS, LS and PAS,
Air,
HPOTP. 

L/D = 0.336, 
D = 151.36, C = 0.41, 
h = 0.74,1.47 and 
1.91, d = 0.51,0.79 
and 1.57.

ω = 16000,
P = 8.2.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness, 
damping and 
uncertainty.

Elrod et al. 
(1989)

HS/SR,
Air,
Turbopumps. 

L/D = 0.336, 
D = 151.36, C = 0.41, 
h = 1.47 and 1.91, 
d = 0.51 and 1.57.

ω = 16000,
P = 8.2.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness and 
damping.
(UNR)

Childs et al. 
(1990a)

HS,
Air,
Turbomachinery. 

L/D = 0.168, 
D = 302.8, C = 0.41, 
h = 3.18, w = 1.59, 
0.793 and 0.508.

ω = 16000,
P = 18.3.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: SSW. 
(Freq.)

Stiffness, 
damping and 
Uncertainty

Childs et al. 
(1990b)

HGS/SR,
CBrF3,
Turbomachinery.

L/D = 0.5,
D = 101.6,
C = 0.37, α = 0 – 70.

ω = 7200,
P = 40.

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Stiffness and 
damping.
(UNR)

Childs et al. 
(1990c)

RDS,
CBrF3,
Turbomachinery.

L/D = 0.5,
D = 102,
C = 0.38.

ω = 7500,
Ra = (9 to 25) ×104,
∆P = 40.

Disp. transducers (capaci-
tance) and pressure trans-
ducers (strain gage).
Eccentric rotor. (Freq.)

Stiffness and 
damping.
(UNR)

Iwatsubo 
et al. (1990)

TDS,
Water,
Centrifugal pumps.

L/D = 0.5,
D = 70.35, C = 0.175, 
h = 0.5 and 0.3.

ω = 500 – 4500, 
 ∆P = 294 – 8.82.

Disp. transducers, pressure 
transducers and piezoelectric 
load cells.
Eccentric sleeves. (Freq.)

Stiffness and 
damping.
(UNR)

Childs and 
Ramsey 
(1991)

LR/HS with and 
without SB,
Air,
HPFTP.

L/D = NA,
D = 146.15,
C = 0.31.

ω = 16000,
P = 18.3.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: SSW. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Childs et al. 
(1991)

HS with SB,
Air,
HPOTP.

L/D = 0.172, 
D = 146.15, C = NA, 
w = 1.40, h = 3.81.

ω = 16000,
P = 18.3.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: SSW. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Childs and 
Kleynhans 
(1992)

HS, PAS and LS,
Air,
HPOTP.

L/D = 1/6,
D = 152.4,
C = 0.30.

ω = 16000,
P = 18.3 bar.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: SSW. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Kanemori 
and Iwat-
subo (1992)

LPAS,
Water,
Centrifugal pumps.

L/D = 3,
D = 80,
C = 0.394

ω = 3000,
P = 15.

Disp. transducers (eddy-cur-
rent), pressure transducers 
(strain-gage) and piezoelec-
tric load cells.
Eccentric sleeves. (Freq.)

Mass, stiffness, 
damping, 
moment coeffi-
cients and 
uncertainty.

Brown and 
Ismail
(1992)

LPAS,
Water,
Centrifugal pumps. 

L/D = 0.995,
D = 100.5,
C = 0.25

ω = 1600,
∆P = 15.7.

Disp. transducers, acceler-
ometers and load cells.
Hydraulic servo-actuators: 
MFSW. (Time)

Mass, stiffness, 
damping and 
uncertainty.

Conner and 
Childs
(1993)

BS,
Air
Turbomachinery

L/D = NA,
D = 129.4,
C = NA.

ω = 5000 – 16000,
P = 7.9 – 18.3.

Disp. transducers,, load cells. 
Hydraulic shakers: SSW. 
(Freq.)

Stiffness and 
damping.
(UNR)

Kim and Lee 
(1994)

ASIS, PAS and 
HDS, Water,
HPOTP. 

L/D = 0.491,
D = 101.6,
C = 0.2, h = 0.102

ω = 6000,
P = 10.

Disp. transducers (eddy-cur-
rent),
Impact hammer: Impulsive. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Table 1. A chronological summary of the literature on the experimental estimation of the RDPs of seals.

Reference Type of seals, 
working fluids and 

applications

Seal dimensions
(mm, wherever 

applicable)

Speeds (rpm), 
Reynolds numbers, 

pressures and 
pressure differences 

(bar)

Transducers, exciters and 
type of excitations

(parameter estimation 
domain)

Parameters 
estimated 

(uncertainty 
analysis)
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Ha and 
Childs 
(1994) 

HS,
Air,
HPOTP.

L/D = 1/6,
D = 152.4, C = 0.41, 
w = 0.79, h = 2.29

ω = 16000,
P = 18.3.

Disp. transducers, 
accelerometers and quartz 
load cells.
Hydraulic shaker: Sinusoidal. 
(Freq.)

Stiffness and 
damping.
(UNR)

Brown and 
Ismail
(1994)

LPAS,
Water,
Centrifugal pumps.

L/D = NA,
D = 100,
C = 0.25

ω = 3000,
Ra = 5000,
Rw = 12120, 
P = 15.6. 

Disp. transducers, acceler-
ometers and load cells. 
Hydraulic actuator: MFSW. 
(Time) 

Stiffness and 
damping.
(UNR)

Alexander 
et al. (1995)

PAS,
Air,
Turbomachinery.

L/D = 0.334,
D = 152,
C = 0.41, α = 0 – 0.5. 

ω = 16000,
P = 14.8.

Disp. transducers, acceler-
ometers and quartz load cells.
Hydraulic shaker: PRW. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Ismail and 
Brown
(1996)

LPAS,
Water,
Centrifugal pumps.

L/D = 1,
D = 100,
C = 0.25.

ω = 3000,
P = 15.

Disp. transducers, acceler-
ometers and load cells.
Hydraulic actuator: MFSW. 
(Time) 

Stiffness and 
damping.
(UNR)

Brown et al. 
(1996)

PAS and JB,
Water,
Turbomachinery. 

L/D = 1,
D = 100,
C = 0.25.

ω = 3000,
Ra = 5000,
Rw = 12075, P = 15. 

Disp. transducers, acceler-
ometers and load cells.
Hydraulic actuator: MFSW. 
(Time) 

Stiffness and 
damping.
(UNR)

Childs and 
Gansle
(1996)

HGAS and HS,
Air,
Turbomachinery.

L/D = 0.333,
D = 152.4,
C = 0.229 and 0.305,
α = 0, 15, 30.

ω = 5000 – 16000,
P = 17.

Disp. transducers, acceler-
ometers and quartz load 
cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness, 
damping and 
uncertainty.

Vance and 
Li
(1996)

TAMSeal and LS 
(TOS),
Air,
Turbomachinery.

L/D = NA,
D = 101.6,
C = 0.102 and 0.203

ω = 6000,
P = 4.4.

Disp. transducers.
Unbalance: Sinusoidal. 
(Freq.)

Stiffness and 
damping.
(UNR)

Marquette 
et al. (1997)

PAS,
Water,
Pumps. 

L/D = 0.45,
D = 77.62,
C = 0.11, α = 0 – 0.5

ω = 10200 – 24600, 
P = 41.4 – 68.9.

Disp. transducers, acceler-
ometers and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Stiffness and 
damping.
(UNR)

Kaneko 
et al.
(1998)

PASP,
Water,
Centrifugal pumps. 

L/D = 0.98,
D = 71.505,
C = 0.063 and 0.065

ω = 600 – 3000,
Ra = 125 – 580,
Rw = 0 – 700,
P = 29.4 to 92.5.

Disp. transducers (eddy-
current), pressure transduc-
ers (strain-gage) and piezoe-
lectric load cells.
Eccentric sleeves. (Freq.)

Mass, stiffness, 
damping and 
uncertainty.

Ismail and 
Brown
(1998)

LPAS ,
Water,
Centrifugal pumps. 

L/D = 1,
D = 100,
C = 0.25

ω = 720 – 3000,
Ra = 6900 – 12100,
Rw = 1200 – 6000,
P = 17. 

Disp. transducers, acceler-
ometers and load cells.
Hydraulic actuator: MFSW. 
(Time) 

Mass, stiffness 
and damping.
(UNR)

Childs and 
Fayolle
(1999)

HDS,
Water,
HPFTP. 

L/D = 0.456,
D = 76.5,
C = 0.1 and 0.12

ω = 24600,
P = 68. 

Disp. transducers, acceler-
ometers and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Mass, stiffness, 
damping and 
uncertainty.

Darden 
et al. (1999)

PAS,
Water,
SSME

L/D = 0.5,
D = 92.51,
C = 0.533

ω = 20000,
R = 90000,
P = 138, ∆P = 93.1

Disp. transducers (Inductive), 
accelerometers and piezoe-
lectric load cells.
Electrodynamic shaker: 
Band-limited random excita-
tion (Freq.)

Stiffness, 
damping and 
uncertainty.

Table 1. A chronological summary of the literature on the experimental estimation of the RDPs of seals.

Reference Type of seals, 
working fluids and 

applications

Seal dimensions
(mm, wherever 
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Speeds (rpm), 
Reynolds numbers, 

pressures and 
pressure differences 

(bar)

Transducers, exciters and 
type of excitations

(parameter estimation 
domain)

Parameters 
estimated 

(uncertainty 
analysis)
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Li et al. 
(1999b)

MPGDS,
Air,
Turbomachinery. 

L/D = 0.275,
D = 127,
C = 0.127 – 0.254

ω = 0 – 3000,
P = 1.01 – 2.03.

Disp. transducers (eddy-
current), pressure sensors 
(strain-gage) and 
accelerometer.
Impact hammer: Impulsive. 
(Freq.)

Stiffness and 
damping.
(UNR)

Soto and 
Childs 
(1999)

HS and LS,
Air,
Compressor.

L/D = 0.5,
D = 129.79,
C = 0.22.

ω = 4680 – 16500,
P = 4 to 13.7.

Disp. transducers (eddy-cur-
rent), accelerometers and 
quartz load cells.
Hydraulic shaker: Sinusoi-
dal. (Freq.)

Stiffness and 
damping.
(UNR)

Ransom 
et al.
(1999)

FPGDS and TBLS,
Air,
Turbomachinery. 

L/D = 0.32,
D = 127,
C = 0.127 – 0.254.

ω = 3000,
P = 1 to 3.

Disp. transducers (eddy-
current), pressure sensors 
(strain-gage) and 
accelerometer.
Impact gun: Impulsive. 
(Freq.)

Stiffness and 
damping.
(UNR)

Li et al. 
(2000)

MBPGDS,
Air,
Turbomachinery. 

L/D = 0.25,
D = 127,
C = 0.127 (inlet) and 
0.254 (exit), 

ω = 0 – 6000,
P = 1.52 to 2.53.

Disp. transducers (eddy-
current), pressure sensors 
(strain-gage) and accelerom-
eter.
Impact hammer: Impulsive. 
(Freq.)

Stiffness and 
damping.
(UNR)

Lindsey and 
Childs
(2000) 

TPAS,
Water,
Centrifugal pumps. 

L/D = 0.17, D = 76.2,
C(inlet) = 0.076, 0.097 
and 0.137. 
C(exit) = 0.137, 0.097 
and 0.076.

ω = 10200 – 24600, 
∆P = 13.4 to 34.5.

Disp. transducers (eddy-
current), accelerometers and 
load cells.
Hydraulic shaker: PRW. 
(Freq.)

Mass, stiffness, 
damping and 
uncertainty.

Laos et al. 
(2000)

BHS, PDS and BS,
Air,
Turbomachinery.

L/D = 0.5,
D = 101.6,
C = 0.102.

ω = 2000,
P = 7.1 bar.

Disp. transducers, Electro-
magnetic shaker: Periodic 
Chirp. (Freq.)

Damping and 
uncertainty.

Kwanka 
(2000)

SLS and LS (TOS),
Air,
Turbomachinery. 

L/D = 0.306,
D = 196,
C = 0.5.

ω = 15000,
∆P = 3 bar.

Disp. transducers and forces 
measured by magnetic 
bearings.
Eccentric rotor. (Freq.)

Stiffness and 
damping.
(UNR)

Kwanka 
(2001)

SR/HS and LR/HS 
(with or without 
SB),
Air, Turbomachin-
ery. 

L/D = NA,
D = 180, C = 0.5, w = 
0.8, p = 4, h = 3.75. 

ω = 15000,
∆P = 3 bar.

Disp. transducers and forces 
measured by magnetic bear-
ings.
Eccentric rotor. (Freq.)

Stiffness, 
damping and 
uncertainty.

Wagner 
(2001)

LS, SLS and HS,
Nitrogen gas,
Centrifugal com-
pressor. 

L/D = NA,
D = NA,
C = 0.5.

ω = 10025,
P = 250.

Disp. transducers and forces 
measured by magnetic 
bearings.
Eccentric rotor. (Freq.)

Stiffness and 
damping.
(UNR)

Nielsen 
et al. (2001)

LR/HS with two SB,
Air,
HPFTP. 

L/D = NA,
D = 143.2,
C = 0.51. 

ω = 5000 – 16000,
P = 18.3.

Disp. transducers, acceler-
ometers and quartz 
load cells.
Hydraulic shakers: SSW. 
(Freq.)

Stiffness, 
damping and 
uncertainty.

Darden 
et al. (2001)

PAS and DS,
Water,
HPFTP.

L/D = 0.5,
D = 91.4,
C = 0.53, d = 3.7, h = 
0.33 and 0.43. 

ω = 3978 – 15764,
Ra = 105,
∆P = 92.9 to 153.6.

Disp. transducers (Inductive), 
accelerometers and piezoe-
lectric load cells. Electrody-
namic shakers: Band-limited 
random excitation. (Freq.)

Stiffness, 
damping and 
uncertainty.

Table 1. A chronological summary of the literature on the experimental estimation of the RDPs of seals.
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place between two surfaces having relative movement, i.e.
rotary, reciprocating, and oscillating. The main focus of this
paper is on rotary seals. These have a wide variety of appli-
cations in high-speed, high-pressure, and cryogenic temper-
ature conditions in the aviation and space industries, such as
in turbine stages, turbopumps, compressors, gear boxes, etc.
Rotary seals can be subdivided into two main categories:

clearance seals and contact seals. Clearance seals are cir-
cumferential non-contacting seals (Figure 2(a)). In contact
seals, the contact is formed by positive pressure, while
clearance seals operate with positive clearance (no rubbing
contact). The most commonly used materials for dynamic
seals (especially for rotary seals) are stainless steel, bronze,
aluminum, nickel-based alloys, polytetrafluroethane, etc.

Holt and 
Childs
(2002)

HSAGS and PAS,
Air,
Centrifugal com-
pressor. 

L/D = 0.75,
D = 114.3,
C = 0.203, d = 1.59, h 
= 2.03 and 3.18. 

ω = 20200,
P = 17.2.

Disp. transducers (eddy-
current), accelerometers 
and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Freq. depend-
ent stiffness 
and damping 
and uncertainty.

Dawson 
et al.
(2002)

PAS,
Air,
Centrifugal com-
pressors. 

L/D = 0.75.
D = 114.3,
C = NA. 

ω = 20200,
P = 17.2.

Disp. transducers (eddy-
current), accelerometers 
and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Freq. depend-
ent stiffness 
and damping 
and uncertainty.

Dawson and 
Childs 
(2002)

PAS and HS,
Air,
Centrifugal com-
pressor. 

L/D = 0.75,
D = 114.3,
C = 0.19, h = 3.10, w 
= 0.79. 

ω = 20200,
P = 17.2.

Disp. transducers (eddy-
current), accelerometers 
and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Freq. depend-
ent stiffness 
and damping 
and uncertainty.

Weather-
wax and 
Childs 
(2003)

HS,
Air,
Centrifugal com-
pressor. 

L/D = 0.75,
D = 114.74,
C = 0.178, w = 0.79, h 
= 3.10, α = 0 – 0.5.

ω = 20200,
P = 70. 

Disp. transducers (eddy-cur-
rent), accelerometers and 
load cells.
Hydraulic shaker: PRW. 
(Freq.)

Eccentricity 
dependent stiff-
ness and damp-
ing and 
uncertainty. 

Kaneko 
et al.
(2003)

TDSHR, SDSHR 
and PAS,
Water,
Pumps. 

L/D = 0.84,
D = 71.4,
C = 0.176 and 0.168.

ω = 3000,
Ra = 0 – 2000,
Rw = 2500 – 4800,
∆P = 7.84.

Disp. transducers (eddy-
current), pressure transduc-
ers (strain-gage) and piezoe-
lectric load cells.
Eccentric sleeves. (Freq.)

Stiffness, 
damping and 
uncertainty.

Childs and 
Wade
(2004) 

HSAGS,
Air,
HPOTP.

L/D = 0.75,
D = 134.7,
C = 0.1 – 0.2, d = 
3.18, h = 3.30.

ω = 15200,
Ra = 105,
P = 70.

Disp. transducers (eddy-
current), accelerometers 
and load cells.
Hydraulic shaker: PRW. 
(Freq.)

Freq. depend-
ent stiffness 
and damping 
and uncertainty. 

Abbreviations. Acc., acceleration; ASIS, antiswirl self-injection seals; BHS, brush hybrid seal; BS, brush seal; CBrF3, trifluro-
bromomethane; DDS, diamond-grid pattern damper seals; Disp., displacement; FPGDS, four-pocket gas damper seal; Freq.,
frequency; HDS, hole-pattern damper seal; HGAS, helically grooved annular seals; HGS/SR, helically grooved stator with
smooth rotor; HPFTP, high-pressure fuel turbopump; HPOTP, high-pressure oxygen turbopump; HS, honeycomb seals;
HSAGS, hole-pattern stator annular gas seals; HS/SR, honeycomb stator with smooth rotor; JB – Journal bearing; LPAS –
Long plain annular seals; LR/HS – Labyrinth rotor with honeycomb stator; LS – Labyrinth seals; MBPGDS – Multiple-blade,
multiple-pocket gas damper seal; MPGDS, multiple-pocket gas damper seal; MFSW, multifrequency sine wave; NA, not
available; PAS, plain annular seals; PASP, plain annular seal with porous material; PDS, pocket damper seals; RDS, round-
hole-pattern damper seals; SB, swirl brake; SDS, saw-tooth pattern damper seals; SDSHR, straight damper seals with hon-
eycomb roughness; SLS, stepped labyrinth seal; PRW, pseudo-random waveform; SS, screw seals; SSW, swept sine wave;
SSME, space shuttle main engine; TAMSeal, a new type of labyrinth seal developed in Texas A&M University; TBLS, two-
bladed labyrinth seal; TDS, triangular pattern damper seals; TDSHR, tapered damper seals with honeycomb roughness;
TOR, teeth on rotor; TOS, teeth on stator; TPAS, tapered plain annular seals; UNR, uncertainty not reported.
Symbols. L, seal length; R, seal radius; C, seal clearance; D, seal diameter; h, depth/height of hole or different patterns; d,
diameter of the hole pattern; w, width of the triangular (or other) pattern; p, pitch of the teeth (in labyrinth); R, Reynolds
number; Ra, axial Reynolds number; Rw, circumferential Reynolds number; ∆P, pressure (maximum or inlet); DP, pressure
difference; α , helix angle; ε, eccentricity ratio; ω, rotor spin speed.

Table 1. A chronological summary of the literature on the experimental estimation of the RDPs of seals.

Reference Type of seals, 
working fluids and 

applications

Seal dimensions
(mm, wherever 

applicable)

Speeds (rpm), 
Reynolds numbers, 

pressures and 
pressure differences 

(bar)

Transducers, exciters and 
type of excitations

(parameter estimation 
domain)

Parameters 
estimated 

(uncertainty 
analysis)
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Figure 2(a) shows a typical rotary seal with the clearance
exaggerated. Rotary seals based on geometry can be classi-
fied as follows.

(i) Ungrooved plain seals (or smooth annular seals): (a)
straight (Figure 2(b)); (b) tapered (Figure 2(c)) and (c)

stepped (Figure 2(d)). In geometry they are similar to
journal bearings but the clearance/radius ratio is as low
as two times and as high as ten times (or more) larger to
avoid rotor/stator contact.

(ii) Grooved/roughened surface seals: (a) porous surface
seals; (b) labyrinth seals (Figures 3(a)–(d)); (c) helically

Figure 2. (a) Rotor-seal assembly. (b) Straight annular seal. (c) Tapered annular seal (converging). (d) Stepped annular seal.

Figure 3. (a) Labyrinth seal (teeth-on-stator). (b) Labyrinth seal (teeth-on-rotor). (c) Labyrinth seal (teeth-on-stator and teeth-
on-rotor) axial flow type. (d) Labyrinth seal radial flow type.



268 The Shock and Vibration Digest / July 2005

grooved/screw seals; (d) circular hole or triangular pat-
terns seals; (e) honeycomb pattern seals (Figure 4).
These seals are used in centrifugal and axial compres-
sors and pumps and in turbines. Different internal sur-
face patterns of seals are shown in Figure 5.

(iii) Contact seals: (a) brush seals (Figure 6(a)); (b) face
seals; (c) lip seals (Figure 6(b)). Because of rubbing, these
seals are used commonly in low-speed pumps, or where

the working fluid can act as a coolant. Contact seals pro-
vide much lower leakage rates than either of the non-
contact seals (Adams, 1987); however, the latter can
operate at very high speed and pressure conditions.

(iv) Floating-ring oil seals. The ring whirls or vibrates with the
rotor in the lubricating oil, but does not spin. These are
used in high-pressure multistage centrifugal compressors.

1.2. Theoretical and Computational Analysis

In this subsection, we have compiled the theoretical and
computational analyses performed by various researchers.
Lomakin (1958) was the first to propose a theoretical model
of a plain seal, which predicted that the axial pressure drop
across the seal caused a radial stiffness, independent of shaft
rotation. The Lomakin radial direct stiffness (kd) is given by

(1)

where ∆P is the pressure drop, and R, L, and C are the radius,
axial length, and radial clearance of the seal, respectively. If
the direct stiffness were the only effect of the plain seal, then
its effect on critical speeds would be easily and accurately
predictable. Black (1969, 1971) provided the major initial
impetus for the extensive research and the state-of-the-art
design information developed on this topic over the last 35

Figure 4. Honeycomb seal.

Figure 5. Different internal surface patterns on seals.
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years. Black developed the classical theory for turbulent
annular seals, considering the axial fluid flow caused by a
pressure drop along the seal, the rotational fluid flow as a con-
sequence of the shaft rotation, and a relative motion of the
seal between the rotor and housing. Black (1969, 1971) and
Childs (1983a, 1983b) formulated and extended Lomakin’s
theory in terms applicable to the rotor dynamic analysis of
centrifugal pumps. Black, Childs and others have shown,
however, that kd increases with shaft speed (at constant ∆P)
and that the seal also produces cross-coupled stiffness (kc),
direct and cross-coupled damping (cd and cc), and direct iner-
tia coefficients. Moreover, the pressure drop will vary with
the speed in most turbomachinery and the rotor dynamic
effects are quite complex. Kirk and Miller (1977) studied the
influence that high-pressure oil seals have on turbocompres-
sor stability, introducing some design guidelines to avoid the
appearance of subsynchronous vibrations. Allaire et al. (1978)
carried out a perturbation analysis for eccentric plain seals
with high axial flow rates and calculated the load capacity,
stiffness, and damping of the seals for a wide range of axial
Reynolds number. Also, the design parameters for a three-
stepped plain seal were calculated for the space shuttle main
engine hydrogen turbopump. Falco et al. (1984) used a math-
ematical model, which is based on the Reynolds equation
using the turbulence factors derived from the bulk-flow the-
ory (Hirs, 1973) for predicting the dynamic behavior of plain
liquid seals. The bulk-flow model uses Hirs’ turbulent-lubri-
cation model using three variations of the Blasius (1913)
pipe-friction model: (i) a basic model where the Reynolds
number is a linear function of the local clearance; (ii) a
model where the coefficient is a function of the local clear-
ance; (iii) a model where both the coefficient and exponent
are functions of the local clearance. Wyssmann et al. (1984)
presented an analysis for calculation of stiffness and damp-
ing coefficients of the fluid–rotor interaction in centrifugal
compressor labyrinth seals based on turbulent flow calcula-
tions. Kirk (1985) developed a compressor design taking
into account the interaction of labyrinth seals with the rotor,
and addressed the importance of the design of labyrinth seal
clearances to enhance stability. Kirk (1986) reviewed the
analysis of the loading and hydrodynamic forces applied to
typical oil-seal design studies. Limitations of analysis capa-
bilities and recommendations for the future analysis and
testing required to fully understand the dynamic operation

on oil-seal rings and their influence on the dynamic stability
of high-speed, high-pressure, flexible shaft turbocompres-
sors were discussed. Childs and Kim (1985) developed a
combined analytical–computational method to calculate the
leakage, transient pressure field and RDPs for high-pressure
annular damper seals using the Hirs (1973) turbulent lubri-
cation equations and perturbation techniques. Based on a
similar method, Childs and Dressman (1985) analyzed tapered
high-pressure annular seals. A short-bearing approximation
was used to derive an analytical expression for the first-
order (dynamic) pressure gradient. This expression was inte-
grated numerically to define RDPs for the seal. Dietzen and
Nordmann (1987) solved the Navier–Stokes equations using
the finite-difference method for modeling the turbulent flow
in a seal. Kirk (1988) analyzed floating ring liquid seals and
evaluated the seal ring dynamic transient response including
stick–slip on the axial sealing face and the ring spin torque
interaction with the antirotation element. The static and
dynamic characteristics of annular plain seals were investi-
gated theoretically in the turbulent flow regime by Simon and
Frêne (1989). Scharrer and Nelson analyzed, for both incom-
pressible (Scharrer and Nelson, 1991a) and compressible flows
(Scharrer and Nelson, 1991b), partially tapered annular seals.
They used Hirs’ turbulent lubrication equations and pertur-
bation techniques in their analysis. Childs (1993) gave an excel-
lent compilation of work on plain annular seals along with
other kinds of seals. Krämer (1993) and Rao (2000) described
a simple, however, a crude and an iterative procedure to cal-
culate plain seal RDPs (i.e. kd, cd, kc, and cc) and they gave a
comprehensive list of publications on seal dynamics. Reedy
and Kirk (1992) presented the heat balance calculations
required for determination of the pressure and temperature
distributions and enforcing consistent leakage flows for the
multiland and/or multiring seals, which can be used for cal-
culation of RDPs for each ring of the seal assembly. Baheti
and Kirk described a finite-element solution of the nonlinear
and coupled hydrodynamic and thermal equations for pres-
sure and temperature profiles in a floating oil ring seal includ-
ing misalignment and axial taper (Baheti and Kirk, 1994)
and the influence of circumferential grooves (Baheti and Kirk,
1995). Baheti et al. (1996) presented the analytical results
for the axially grooved floating oil ring seals on the leak flow
and stability of a centrifugal gas compressor for both low-
and high-pressure sealing conditions. Results have shown

Figure 6. (a) Brush seal. (b) Lip seal.
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that the added grooves enhance the stable operation of the rotor
system for low-pressure fixed seal conditions and reduce
the system stability at lower eccentricities for low-pressure
floating seal conditions. In high-pressure conditions, added
grooves enhance the stability of the system for both fixed
and floating seal conditions. Kirk and Baheti (1997) pre-
sented guidelines for the design of liquid rings of straight,
tapered, and circumferentially grooved geometries, which
could be useful for the application of high-performance com-
pressor liquid seal designs. Numerical results including the
RDPs were also presented for different geometries. Baheti and
Kirk (1999) presented results comparing the seal leakage,
seal oil outlet temperatures, stiffness and damping coefficients,
and damped natural frequencies from the thermo hydrody-
namic analyses with and without the influence of the mechan-
ical deformation of the bushing seal ring using the finite-
element method. Oike et al. (1999) carried out a flow visual-
ization study on the two-phase flow in floating-ring seals for
cryogenic fluid to identify the two-phase flow area inside the
sealing clearance induced by the viscous frictional heating
and the pressure drop; they also investigated the effect of the
two-phase flow area on the leakage.

Alford (1964) reported an accident due to labyrinth seals
in which the mechanism of the occurrence of unstable vibra-
tion was explained by considering energy input due to the
phase difference between the rotor deflection and the fluid
reaction force (Alford, 1965). However, vortex and viscosity
are not considered in his analysis. The high axial fluid veloc-
ity through the seal and the relatively large clearance pro-
duce a highly turbulent flow condition in the seal, which
violates the Reynolds assumption of laminar flow, and hence
the Reynolds theory is inapplicable, even if fluid inertia effects
are added. In an analytical study, Murphy and Vance (1980)
extended Alford’s analysis to multibladed seals, considering
choked flow to be possible only at the last (exit) blade. Iwat-
subo et al. (1982) published the analytical basis of a computer
program to predict seal RDPs; however, conformation with
the experimental results was not so good. Scharrer (1988) used
a perturbation analysis to linearize the governing equations of
honeycomb stator seals. The model provided accurate predic-
tions of direct damping (cd) for large clearance seals; how-
ever, the model predictions and test results diverged with the
increasing running speed. Elrod et al. (1989) developed an
entrance region shear stress model for duct flow. A bulk-flow
gas seal analysis using this model instead of an entrance-loss
coefficient predicted the leakage and stability characteristics
of honeycomb-stator/smooth-rotor. However, Childs et al.
(1989) observed that the main reason for the disagreement
between the theory and experiments was the inadequacy of
the fluid friction model in the analysis. The turbulence
model, which uses the nonlinear analysis developed by Elrod
and Ng (1967), was improved for Reynolds numbers higher
than 105 to include cryogenic application. In addition, velocity
boundary conditions were modified. A comparison of predic-
tions based on this analysis with the Childs (1983a, 1983b)
incompressible flow solution and the Nelson and Nguyen
(1987) compressible flow solution were in agreement.

Elrod et al. (1990) developed the entrance and exit region
friction factor models using wall shear stress results from
stationary-rotor flow tests of annular gas seals, and used
these friction factor models in a bulk-flow analysis to predict
the leakage and RDPs. Kirk (1990) presented a method for

calculating the inlet swirl at the entrance of the labyrinth
seal, and the solution included the friction factors taking into
account the mass flow rate and the calculation of radial pres-
sure gradients by a free vortex solution. Wilkes et al. (1993)
presented an analysis procedure which determined the RDPs
for circumferentially grooved annular seals with turbulent
incompressible flow using Hirs’ turbulent lubrication theory
as the basis for the governing equations and theory for a tur-
bulent shear layer as the basis for friction factors in the
groove. Padavala et al. (1993) developed a theory to predict
RDPs based on the bulk flow model using the Hirs’ friction
factor model. An empirical friction-factor model for honey-
comb surfaces based on flat plate test results was developed
by Ha and Childs (1994) as a function of Mach number and
dimensionless pressure and honeycomb geometry variables
(the radial clearance and the cell width). A rotor dynamic
analysis for centered, turbulent-annular-honeycomb-stator
seals was developed incorporating an empirical friction-fac-
tor model for honeycomb stator surfaces. Results of the anal-
ysis in predicting RDPs and leakage characteristics were
compared to (a) Moody’s friction-factor model analysis and
(b) experimental data (Childs and Kleynhans, 1992) for short
seals. Comparisons showed that their honeycomb friction-
factor model improved the predictions of the leakage and
RDPs compared to Moody’s friction-factor model, espe-
cially, for the direct and cross-coupled stiffness.

San Andrés (1991) developed a computer code that solved
two-dimensional, bulk-flow, incompressible, Navier–Stokes
equations to predict the static and rotor dynamic characteristics
of bearings and seals, in centered and eccentric positions. A
perturbation analysis was performed. Kleynhans and Childs
(1997) presented a two-control-volume model for honeycomb-
stator/smooth-rotor seals with a conventional control vol-
ume used for the through-flow and a “capacitance accumu-
lator” model for the honeycomb cells. Li et al. (1999a) used
a one-control volume, turbulent bulk-flow model for the pre-
diction of the seal leakage and RDPs of multiple-pocket
damper seals. Based on Kleynhans and Childs (1997) model,
Dawson and Childs (2002) determined seal leakage flow-
rate and direct and cross-coupled impedances for a constant
temperature, two-control-volume annular gas seal. D’Souza
and Childs (2002) used a two-control-volume bulk-flow
model to predict RDPs for an annular, honeycomb-stator/
smooth-rotor gas seal. Yücel (2003) calculated the leakage
and RDPs of stepped labyrinth gas seals using the continuity
and circumferential momentum equations for the compress-
ible flow. Results were compared with the experimental
results of Kwanka (2000). Moore (2003) presented a three-
dimensional computational fluid dynamics (CFD) to model
the labyrinth seal flow path by solving the Reynolds aver-
aged Navier–Stokes equations. To calculate rotor dynamic
forces, a full three-dimensional, eccentric model was solved.
In comparison to experimental leakage and RDPs (Pelletti
and Childs, 1991) good agreement was found over bulk-flow
approaches. Arghir and Frêne (2004) introduced a numerical
solution of the three control-volume, bulk-flow model suitable
for analyzing eccentric circumferentially grooved liquid annu-
lar seals. Forces arising from perturbations were obtained by
integrating the first-order pressure field and expressed via
RDPs. The comparison with experimental results (Marque-
tte and Childs, 1997) was found to be good. Table 2 summa-
rizes a comparison of different theoretical analysis proposed
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Table 2. Comparison of the theoretical analysis with experimental investigations.

Experimental 
investigations

(reference)

Theoretical 
analysis

(reference)

Comparison with experimental investigations

Direct stiffness Cross-
coupled 
stiffness

Direct 
damping

Cross-
coupled 
damping

Leakage General remarks

Falco et al. 
(1984)

 Model based on 
Reynolds equa-
tion with turbu-

lent factor

Poor (low) High Good Poor (low) Good Good agreement

Nordmann 
and 
Massmann 
(1984)

Black (1969) 
analysis 

High (40% error) 
for speed 
variation

90% of 
difference for 
speed varia-

tion

___ ___ ___ Good agreement for 
axial velocity 
variation in mass, 
stiffness and damp-
ing coefficients 

Childs and 
Kim (1985)

Model based on 
Hirs (1973) 
lubrication 
equations

Poor (low) ___ ___ ___ ___ Net damping and 
added mass 
coefficients were 
overpredicted

Elrod et al. 
(1989)

Elrod et al. 
(1990)

Poor Good Good ___ Good

Hawkins et 
al.
(1989)

Scharrer (1988) 
two-control 

volume model

Predicts 
within 25%

Underpre-
dicts at low 

speeds

___ ___ Better results for 
larger clearances

Simon and 
Frêne (1989)

Elrod (1967), Ng 
and Pan (1965) 
turbulent model 
with Reynolds 

equation

Good Good Better for 
long seals 
than short 

seals

Poor Good Experimental results 
are from Kanki and 
Kawakami (1984)

Childs et al.
(1990a)

Elrod et al.
(1990)

Poor (worst
at higher pres-

sure ratios)

Low ___ High ___

Childs et al.
(1990b)

Kim and Childs 
(1987)

Good Poor ___ ___ Good Predictions were 
wrong for effective 
damping coefficients

Kanemori 
and Iwat-
subo (1992)

Childs (1982) Good Good Good Good ___ Added mass and 
moment coefficients 
were also predicted

Ha and 
Childs
(1992)

Moody’s friction 
factor model 

Overpredicted Good Overpre-
dicted

Overpredicted ___

Ha and 
Childs
(1994)

Friction-factor 
model based on 
flat plate results 

(Nelson and 
Nguyen, 1987) 

Overpredicted 
but improved as 
compared with 
Moody’s model

Better Overpre-
dicted

Overpredicted 
but improved 
as compared 
with Moody’s 

model

___ This model was 
compared with the 
Moody’s friction fac-
tor model

Alexander et 
al. (1995)

Yang (1993) Overpredicted Good Underpre-
dicted at low 

pre-swirl 
values

Good ___

Marquette et 
al. (1997)

San Andrés 
(1991)

Slightly under-
predicted

Good Overpre-
dicted except 

at high 
eccentricities

Good Accurate Direct inertia agrees 
well with predictions

Darden et al. 
(1999)

Padavala et al. 
(1993)

Excellent Good Good Good ___ Overall good agree-
ment
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with the experimental results. Guo and Kirk (2005) used
ANSYS–TASCFlow, a commercial CFD program, to simu-
late the leak path and labyrinth seal of two different covered
centrifugal compressor eye seals. For each case, three-
dimensional models with eccentric rotors were solved to
obtain the leakage flow, velocity vector, chamber pressure,
average chamber swirl, and the rotor dynamic force compo-
nents. Nakamura and Iwatsubo (2005) calculated distribu-
tions of the circumferential velocity and the pressure in the
pre-swirl groove (inlet of the seal) and the effect of the
velocity and pressure distributions on the flow-induced
dynamic force. The results were compared with conven-
tional type seals in order to know how much the instability
force could be reduced. Also, the results were compared with
the results calculated by assuming the circumferential veloc-
ity of the pre-swirl groove as half the speed of the injection
velocity. Iwatsubo et al. (2005) presented static and dynamic
design data to decide the seal configuration for obtaining the
high efficiency and the stable rotor system; that is, when
constraints and conditions of the seal are given, the optimum
seal configuration (fin heights, widths, clearances, number
of fins, and so on) can be decided.

1.3. Fluid-Film Dynamic Force Equations

A model of a typical annual (or clearance) seal is shown in
Figure 2(a). The geometrical shape of a clearance seal is
similar to that of a hydrodynamic bearing; however, they are
different in the following aspects. To avoid contact between
a rotor and a stator, the ratio of the clearance to the shaft
radius in seals is made a few times (two to ten times) larger
than that of hydrodynamic bearings. The flow in seals is tur-
bulent and in hydrodynamic bearings it is laminar. Therefore,
unlike a hydrodynamic bearing, we cannot use the Reynolds
equation for analysis of seals. When a rotor vibrates, a reac-
tion force of the fluid in the seal acts on the rotor. In the case
of a small vibration around the equilibrium position, the fluid
force can be linearized on the assumption that deflections ∆x
and ∆y are small. The general governing equations of fluid-

film forces on seals, which have small oscillations relative to
the rotor, are given by the following linearized force–dis-
placement model (Childs et al., 1986)

(2)

where fx and fy are the fluid-film reaction forces on seals in
the x and y directions. k, c, and m represent the stiffness, damp-
ing, and added-mass coefficients, respectively, the subscripts
xx and yy represent the direct terms, and the subscripts xy
and yx represent the cross-coupled terms. These coefficients
vary depending on the equilibrium position of the rotor (i.e.
magnitude of the eccentricity), rotational speed, pressure
drop, temperature conditions, etc. The off-diagonal coeffi-
cients in equation (2) arise due to fluid rotation within the
seal, and unstable vibrations may appear due to these coeffi-
cients. Equation (2) is applicable to liquid annular seals.
However, for the gas annular seals, the added-mass terms
are negligible. For small motion about a centered position
(or with very small eccentricity) the cross-coupled terms are
equal and opposite (e.g. kxy = –kyx = kc and cxy = –cyx = cc)
and the diagonal terms are same (e.g. kxx = kyy = kd and
cxx = cyy = cd; Childs et al., 1986). Considering these rela-
tionships and neglecting the cross-coupled added-mass
terms, equation (2) takes the following form:

(3)

Li et al. 
(1999b)

One control vol-
ume and bulk 

flow model (Li et 
al., 1999a).

Underpredicted Satisfactory Overpre-
dicted

___ Slightly 
over-

predicted

Kwanka 
(2000)

Yücel (2003) Poor (low) Good Poor (Low) Poor (Low) Low

Dawson and 
Childs (2002)

Kleynhans and 
Childs (1997)

Underpredicted Deviated by 
31%

Underpre-
dicted

Deviated by 
22%

Good RDP predictions 
were very good

Moore (2003) Pelletti and 
Childs (1991)

Good Good Underpre-
dicted

___ ___

Arghir and 
Frêne (2004)

Marquette and 
Childs (1997)

Low Low Very low Low Good
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Here, subscripts d and c represent direct and cross-coupled,
respectively. The RDPs largely affect the performance of the
turbomachinery as they lead to serious synchronous and sub-
synchronous vibration problems. The whirl frequency ratio,
f = kc /(cdω), is a useful non-dimensional parameter for com-
paring the stability properties of seals. For circular synchro-
nous orbits, it provides a ratio between the destabilizing
force component due to kc and the stabilizing force compo-
nent due to cd. In the experimental estimation of the RDPs of
seals, these coefficients (of equations 2 and 3) are deter-
mined with the help of measured vibrations data from a seal
test rig.

1.4. Experimental Estimation Procedures

In this subsection, various seal test approaches used for
the estimation of RDPs for governing equations of the form
of equation (3) of seals are reviewed with a schematic repre-
sentation. In the method used by Benkert and Wachter
(1980), the seal rotor (Figure 7(a)) is statically displaced rel-
ative to its stator, the circumferential pressure distribution is
measured and integrated, and the resultant reaction force is
calculated. This method does not yield any damping values
since only static load is applied. Referring to equation (3),
the static rotor displacement ∆x in the X direction yields
(while keeping ∆y = 0)

 (4)

Figure 7(b) describes the rotor motion relative to the sta-
tor that represents two different types of rotor excitation
arrangement, i.e. eccentric rotor (Childs and Garcia, 1987)
and eccentric sleeves (Kanemori and Iwatsubo, 1992). The
varying clearances modulated the local flows in and out of
the seal and circumferentially in the seal annulus, and thereby
caused the static pressure in the seal annulus to vary circum-
ferentially and periodically. At each instant, the varying
component of the static pressure has an essentially sinusoi-
dal distribution around the circumference, and this pressure
pattern rotates in synchronism with rotor whirl. The circum-
ferential pressure distribution was measured and integrated
to obtain the resultant reaction forces acting on the rotor.
The centered circular orbit is defined by x = eocos(Ωt) and
y = eosin(Ωt), where Ω is the frequency of excitation, eo is
the whirl radius, and t is the instant time. Hence, an equation

of the form of equation (3) yields the following radial and
circumferential coefficient (subscripts r and θ, respectively)
definitions

(5)

where k, c, and m represent the stiffness, damping, and
added-mass coefficients, and subscripts d and c represent the
direct and cross-coupled terms, respectively. The test rig is
used to measure Fr/eo and Fθ/eo versus Reynolds number
and rotor rotational frequency, ω. Iwatsubo et al. (1990) and
Kaneko et al. (1998) assumed seal RDPs independent of ω
and used the measured Fr /eo and Fθ/eo with respect to ω, for
curve-fitting to obtain RDPs, i.e. kd, kc, cc, cd, and md.
Kanemori and Iwatsubo (1992) used a similar procedure,
except that the dynamic moment coefficients were also iden-
tified. The form of the moments due to the fluid-film was
similar to that of equation (3) with corresponding moment
coefficients (e.g. kθθ, kxθ etc., where θ is the transverse angu-
lar displacement). The rotor was independently driven by
two motors to realize the spinning and whirling motion.

For the case when seal RDPs depend upon ω, equation
(3) can be approximated with the assumption that kc and cc

vary linearly with ω, as (Childs, 1993)

(6)

When measurements are obtained for a fixed axial Reynolds
number over a range of ω, the above equations can be used
to curve-fit to obtain effective RDPs, i.e. kef, cef, and mef.
This approach eliminates RDP dependency on ω.

Wright (1978, 1983) proposed a method in which a cen-
tered circular whirling orbit (Figure 7(c)) was obtained by an
active feedback system. The conceptual approach (Childs et
al., 1986), which is used in the estimation of RDPs for small
motion about the static eccentricity position, is shown in
Figure 7(c), defined by the coordinates (eo, 0). For this posi-
tion, the shaker applies the harmonic horizontal motion with
an excitation frequency Ω (a calibrated imbalance can also
be used with ω = Ω, where ω is the rotor spin speed or the
system (preferably housing) can be excited by an impact of
the hammer with a multifrequency excitation). On substitut-
ing measured forces and displacement data into equation (2),
for a given operating condition, using curve-fitting techniques
the RDPs for seals can be obtained. A detailed account of

Figure 7. (a) Rotor with static displacement; (b) eccentric rotor; (c) external shaker excitation.

kd fx x∆⁄    and   kc fy x.∆⁄= =

Fr eo⁄ kd– ccω– mdω2   and    Fθ eo⁄+ kc cdω–= =

Fr eo⁄ kef– mefω2   and    Fθ eo⁄+ cefω.–= =
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general estimation procedures can be found in Tiwari et al.
(2002, 2004).

1.5. Previous Seal Rotor Dynamic Data and 
Resources

Allaire and Flack (1982) presented a partial review of the
literature on lateral impeller forces by considering the case
studies for coolant pumps. Flack and Allaire (1984a) criti-
cally reviewed the hydraulically generated lateral forces in
pumps. The experimental measurement of pressures, static
forces and dynamic forces in pumps were also reviewed.
Flack and Allaire (1984b) reviewed the static and dynamic
characteristics of tilting pad and turbulent hydrostatic jour-
nal bearings. Etison (1982, 1985) reviewed the experimental
observations and theoretical analyses of face seal dynamics.
The more recent textbooks on rotor dynamics include infor-
mation on rotor dynamic characteristics of rotary seals.
Vance (1988), Krämer (1993), Rao (2000), and Adams
(2001) provide good introductory treatments of seal dynam-
ics. However, one of the first surveys, and a comprehensive
survey, of the literature related to the experimental estima-
tion of RDPs of seals was made by Childs (1993). Until the
present, it has been the single most valuable source of com-
putational and experimental data information and references
for seal rotor dynamic characteristics. Childs reviewed the
literature based on different seal geometries with different
operating parameters. Swanson and Kirk (1997) carried out
a survey of the experimental research on the static and/or
dynamic characteristics of fixed geometry, hydrodynamic
journal bearings, and reported the type(s) of bearing, size of
bearing(s) and range of parameters measured in each work.
Recently, Tiwari et al. (2004) have provided a comprehen-
sive survey of the RDPs of bearings, with major emphasis
especially on hydrodynamic bearings, with cursory mention
of rotary seals.

The present literature survey is aimed at a review of
experimental methods for the determination of the RDPs of
seals in rotor-bearing seal systems, and will hopefully be
useful to both practicing engineers and to the researchers in
this field. For the practicing engineer, guidance is offered for
the simple experimental determination of these parameters
with associated uncertainty, whilst researchers may appreci-
ate the diverse methods available and the discussion of their
limitations so as to develop improved methods. The review
has been presented in accordance with different types of seal

geometry (i.e. plain annular seals, labyrinth seals, helically
grooved seals, hole and triangular patterns, honeycomb seals,
etc.) with some overlap (hybrid seals) among them. A chron-
ological summary of this literature has been presented in
tabular form (Table 1) and for brevity this information is not
referred to again in the text.

2. Plain Annular Seals

In this section, we review the experimental study related
to RDP estimation of straight, tapered, and long plain annu-
lar seals. Black and Jenssen (1969/70) presented experimen-
tal results for the stiffness of long plain seals to show the
effect of the length-to-diameter ratio (L/D). Falco et al.
(1984) obtained the equivalent stiffness and damping coeffi-
cients of plain fluid-film seals for constant radial clearance
and with different values of L/D ratio by using two shakers
placed at 120° apart (Figure 8). A torsiometer was used to
evaluate the power dissipated by the seal.

Nordmann and Massmann (1984) estimated the RDPs of
annular turbulent seals by using the impact hammer method.
For tapered annular seals, Childs and Dressman (1985),
using the test apparatus and facility developed by Childs and
Kim (1985), observed that with an increase in taper angle
while the direct stiffness and leakage increased, the remain-
ing RDPs decreased. The results were compared with their
own numerical results and those of Fleming (1980). Childs
et al. (1986) developed a test apparatus to determine the
RDPs of annular gas seals which had the following features:
a maximum rotor speed of 8000 rpm, hydraulic shakers for
excitation, and an inlet guide vane arrangement for control-
ling the inlet tangential velocity. Reaction forces exerted on
the stator were measured by load cells that support the stator
in the test section housing (Figure 9).

Nelson et al. (1986) used the experimental facility pro-
vided by Childs et al. (1986) to measure the leakage and to
estimate the RDPs of constant-clearance and convergent-
tapered annular gas seals in the shaft-centered position. The
results were compared with their theoretical work (Nelson,
1984). It was observed that optimally tapered seals would
have significantly larger direct stiffness than straight seals,
and pre-rotation of the fluid yielded a large increase in
direct stiffness.

Dynamic fluid reaction forces and moments of a long
annular pump seal were experimentally estimated by
Kanemori and Iwatsubo (1992). In the experimental setup,

Figure 8. An excitation system configuration. Figure 9. End view of the stator mounting assembly (Childs
et al., 1986).
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the outer cylinder (stator) was fixed with load cells and the
rotor was independently driven by two motors to realize the
spinning and whirling motions. Fluid forces were directly
measured with load cells and a Pitot tube was used at the seal
inlet to measure the circumferential flow velocity. Two pres-
sure transducers were mounted on the stator to measure the
fluid-film pressure fields in the seal clearance. The spinning
velocity was measured using a pulse-generating tip attached
to the rotor and a photo-interrupter. Experiments were con-
ducted at various rotor speeds, whirling speeds, and with dif-
ferent pressure drops across the long seal to find the RDPs.
These were then compared with Childs’s theory (Childs,
1982) and found to be compatible. Direct stiffness and
damping coefficients were mainly dependent and increased
with pressure drop (inlet to outlet to the seal). The effect of
pressure drops on the direct added-mass and cross-coupled
damping coefficients was low.

Kaneko et al. (1998) experimentally investigated the static
and dynamic characteristics for annular plain seals with
porous materials applied to the seal surface using the same
experimental setup as Kanemori and Iwatsubo (1992). They
obtained dynamic forces by measuring fluid-pressure distri-
butions circumferentially and axially in the seal clearance.
Experimental results have shown that annular plain seals with
porous materials have higher leakage flow rate (increase of
approximately 30%), higher direct stiffness coefficients (four
to six times) and smaller cross-coupled stiffness and direct
damping coefficients (decrease of approximately 30%) than
conventional annular plain seals with solid surfaces. The
larger direct stiffness coefficients for the porous seals yielded
larger radial reaction forces for a small concentric whirling
motion, which would contribute to rotor stability.

A discrete-time domain estimation technique was applied
by Brown and Ismail (1992) to estimate the RDPs of pump
annular seals. In the test rig, water entered the stator at the
mid-plane and discharged axially through a pair of annular
seals. A seal model with 10 linearized coefficients was
assumed and sampled input–output data obtained on a full-
scale test rig facility were processed digitally to yield esti-
mates of the coefficients as well as confidence bounds. They
used a least-squares estimation procedure based on single
value decomposition (SVD). The estimated coefficients were
compared to those obtained from Black’s theoretical model
(Black and Jenssen, 1969/70; Black, 1979) for short seals
with inlet swirl velocity and the seal length effects. Experi-
mental estimation of the RDPs of long annular pump seals
was presented by Brown and Ismail (1994). The inlet swirl
magnitude was modified by a face-plate with a number of
radial grooves on the inlet side of the annular seal. When
compared with theoretical results, it was observed that exper-
imental direct stiffness values were higher, cross-stiffness
coefficients were lower at high axial Reynolds number, and
the direct damping was in good agreement at low values of
axial Reynolds number but the agreement was poor at
higher values. Ismail and Brown (1996) presented the experi-
mental estimation of the RDPs of long pump annular seals
with deep radial grooves. It was observed that the cross-
coupled stiffness and direct damping magnitudes were over-
estimated while the direct stiffness was underestimated.
Brown et al. (1996) tested a pair of bronze plain annular seals
and Ismail and Brown (1998) carried out an experiment for
liquid long annular seals and compared their results with the

theoretical work of Black (1971), Black et al. (1981), and
Childs and Kim (1985). Brown et al. (1996) and Ismail and
Brown (1998) compared the RDPs obtained with an analyti-
cal method for plain annular seals from linear bearing the-
ory results. They found that the direct stiffness coefficients
were underpredicted by the theory by about 20–30% and
were insensitive to swirl reductions. The measured direct
damping coefficients showed agreement with the theory at
low axial Reynolds number only and were found to be
insensitive to shaft speed, flow rate, and whirl reductions.

Alexander et al. (1995) investigated the effects of speeds,
inlet pressures, pressure ratios, fluid pre-rotations, and eccen-
tricities on the RDPs of a smooth gas seal using the test facil-
ity developed by Childs et al. (1986). Experimental results
have shown that the direct stiffness decreases significantly,
while the direct damping and cross-coupled stiffness increase
with increasing eccentricity. Experimental results were com-
pared to the theoretical analysis by Yang (1993). The theory
(Yang, 1993) overpredicted direct stiffness, failed to indi-
cate the decrease in the direct stiffness that occurred with
increasing eccentricity, and incorrectly predicted the direct
stiffness with changing pressure ratio. Also, the direct damp-
ing was substantially underpredicted for low pre-swirl val-
ues and low supply pressures, but predictions improved as
either of these parameters increased.

An annular gas seal test stand was developed by modify-
ing the hydrostatic bearing rig (HBR) used to test hybrid
hydrostatic–hydrodynamic bearings (Childs and Hale,
1994). The apparatus could operate at a maximum speed of
29,800 rpm and accommodated seals of diameters up to
114.3 mm. Marquette et al. (1997) presented data for leak-
ages and RDPs of a high-speed plain-annular seal at the
centered and eccentric positions. It was observed that leak-
age flow rate increased slightly with an increase in the
eccentric ratio, increased with an increase in the pressure
drop, and decreased with an increase in the running speed.
They reported agreement between experimental and theoret-
ical results (San Andrés, 1991) in the centered position,
even for direct inertia terms. However, RDPs were more
sensitive to changes in eccentricity than predicted theoreti-
cally. Darden et al. (1999) developed a test rig and facility
to obtain RDPs for a variety of high Reynolds number annu-
lar seals. They presented measurement techniques and an
estimation method to obtain the RDPs. They found RDPs in
agreement with theory (Padavala et al., 1993) for smooth
annular seals. Lindsey and Childs (2000) compared experi-
mental results with theoretical predictions using the Moody
friction-factor model (Childs, 1993) for the turbulent flow,
short, smooth annular seals with converging and diverging
axial taper. Results showed that the direct stiffness gener-
ally increased with converging axial taper and decreased
with diverging axial taper. The reduction in the direct stiff-
ness in moving from the constant-clearance seal to the
slightly convergent case was not predicted by the theory.
Direct damping and cross-coupled stiffnesses were shown
to decrease with increasing convergent or divergent taper.
Measured damping values increased with an increase in
running speeds and decreasing average clearances. The the-
ory consistently underpredicted leakage in the range of 10–
30%. The accuracy of theoretical predictions for the leakage
and RDPs was not influenced by running speed. Replacing
the pitch-stabilizing cables with rods increased the pitching
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motion natural frequency substantially and eliminated the
problem of pitching at the zero running speed.

Dawson et al. (2002) estimated the RDPs and leakage
characteristics of a pair of identical annular gas seals with a
back-to-back arrangement inside the stator. Efforts to mini-
mize transducer and instrumentation uncertainties were
observed carefully by calibrating the displacement and pres-
sure transducers, thermocouples, and flow meters before
operation in the modified AGSTS.

3. Labyrinth Seals

In this section, we carry out a review of the RDP estima-
tion of labyrinth seals. Wright (1978, 1983) described an
apparatus for the accurate measurement of labyrinth seal
forces on a whirling rotor model. The steam-excited whirl of
a high-pressure turbine rotor was caused by the shroud and
shaft labyrinth seal forces and by flow forces on the turbine
blades. The effects of system parameters on the whirl excita-
tion constant (whirl force/whirl amplitude) and the radial
stiffness of a seal model were obtained. It was observed that
the positive backward whirl excitation constant of the diverg-
ing seal was proportional to the pressure drop and was inde-
pendent of the backpressure up to the transition pressure
drop. At higher-pressure drop, it increased linearly but less
rapidly with the pressure drop, and this increased with the
backpressure. The forward whirl excitation constant of the
diverging seal model was negative. A method was presented
for predicting the net seal and blade-row excitation constant
that would cause the self-excited whirl of rotors having
specified shaft and bearing parameters.

Childs and Scharrer (1986, 1988) used the experimental
test facility developed by Childs et al. (1986) to estimate the
RDPs of the teeth-on-rotor and teeth-on-stator labyrinth gas
seals. Childs and Scharrer (1986) estimated direct damping
coefficients for different seal configurations, and observed
that the stiffness and damping coefficients were insensitive
to the rotor speed, very sensitive to the inlet tangential veloc-
ity, and increased with an increase in the inlet pressure. Also,
they observed that the teeth-on-stator seal was more stable
than the teeth-on-rotor seal for the positive inlet tangential
velocity. Childs and Scharrer (1988) compared their experi-
mental results with the theoretical work of Scharrer (1988).
It was observed that the theory accurately predicted the
cross-coupled stiffness for both seal configurations and
showed improvement in the prediction of the direct damping
for the teeth-on-rotor seal; however, the theory failed to
predict a decrease in the direct damping coefficient for an
increase in the radial clearance for the teeth-on-stator seal.

Using the experimental setup based on Nordmann and
Massmann (1984), Kim and Lee (1994) presented RDPs and
leakage for three annular seals: smooth, hole-pattern (damper),
and labyrinth. The labyrinth seals used an antiswirl self-
injection mechanism to yield significant improvement in
whirl frequency ratios as compared to smooth and hole-pat-
tern seals. It was observed that an optimum antiswirl self-
injection seal, which used a labyrinth stator surface with
anti-axial flow injections, showed significant improvement
in the whirl frequency ratio as compared to a hole-pattern
seal, while showing moderate leakage performances.

A labyrinth gas seal (TAMSEAL) developed by Vance
and Li (1996) was studied in both non-rotating and rotating

tests and it was observed experimentally that it had 100
times more direct damping than the conventional bladed
seal. The latter seal had blocked swirl of the working fluid,
which was destabilizing the rotor. The leakage rate of the
TAMSEAL was higher than the conventional seal at the
same clearance; however, large reductions in vibrations and
whirl amplitudes suggested that the TAMSEAL could be
operated with smaller clearances than conventional laby-
rinth seals. Test results from a non-rotating apparatus were
reported by Vance and Schultz (1993).

Ransom et al. (1999) identified the stiffness and damping
force coefficients of a two-blade, tooth-on-stator labyrinth
seal with the diverging clearance and its modified version as
a four-pocket damper seal. In the test rig, a load gun was
used to give impacts in the X and Y directions to the seal
housing and induced its dynamic motion. Four displacement
sensors and pressure sensors were fastened to the housing
cap, and two accelerometers were mounted on the housing
sides. It was observed that the four-pocket gas damper seal
had large (positive) direct damping coefficients and rela-
tively small (negative) direct stiffness coefficients while the
two-bladed labyrinth seal exhibited positive direct stiffness
and negative damping force coefficients. However, the leak-
age performance of both seals was nearly identical. Li et al.
(1999b, 2000) used the test facility developed by Ransom
et al. (1999) and demonstrated that multiple-pocket gas damper
seals offered enough direct damping coefficients to effec-
tively eliminate subsynchronous rotor vibrations and reduced
amplitudes of rotor imbalance responses. The bulk-flow
model and experiments by Li et al. (1999b) indicated that the
seal direct stiffness and damping force coefficients were
insensitive to journal speeds while the cross-coupled stiff-
ness increased slightly and force coefficients of multiple-
pocket gas damper seals were also functions of the rotor
excitation frequency. Li et al. (2000) presented experimental
RDPs and leakage for a four-blade, two four-pocket gas
damper seals (Figure 10) using the test rig made by Ransom
et al. (1999) and compared to predictions based on a one con-
trol volume bulk-flow model (Li et al., 1999a). It was observed
that both measurements and predictions agreed well and
showed that the seal direct stiffness and damping coeffi-
cients were proportional to the inlet to exit pressure ratio and
insensitive to rotor speed.

Kwanka (2000) obtained seal RDPs with a stepped-laby-
rinth seal and compared these with a tooth-on-stator laby-

Figure 10. Geometry of a four-blade, two-four pocket damper
seal (Li et al., 2000).
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rinth seal. It was observed that the cross-coupled stiffness
showed almost linear behavior (a usual) dependence on swirl
conditions at the entrance of seal. A higher-pressure differ-
ence showed higher stiffness values. Dependences of the
direct damping on the pressure difference and the swirl were
not clear. The stepped-labyrinth seal generated a positive direct
stiffness (a stabilizing effect). Wagner (2001) used a test rig
for high pressures (Wagner and Steff, 1996) to estimate lab-
yrinth seal RDPs. Forces were measured directly via active
magnetic bearings. This allowed direct calculation of trans-
fer functions without force transducers. From these transfer
functions, seal RDPs were extracted. They carried out exper-
iments for the straight-through, stepped and staggered laby-
rinth and honeycomb seals with abradable rotor coatings and
various swirl brakes to reduce the inlet tangential velocity,
which could substantially reduce or eliminate kc.

4. Helically Grooved Seals

In this section we review the experimental estimation of
helically grooved seal RDPs. Kanki and Kawakami (1984)
investigated the static and dynamic characteristics of pump
annular cylindrical and screw-grooved seals for a wide range
of circumferential and axial Reynolds numbers and eccen-
tricities. They used rubber air-bellows (with static pressure)
to support and two hydraulic actuators to excite the seal
housing. Using the test facility of Childs and Kim (1985),
Childs et al. (1990b) experimentally observed that helically
grooved stators leaked more than smooth seals for helix
angles greater than 30°, and that the effective direct stiffness
of seals first decreased and then increased with increasing
helix angles. Also, contrary to theoretical predictions (Kim
and Childs, 1987), the effective net damping was relatively
insensitive to changes in helix angles.

Childs and Gansle (1996) presented RDPs and leakage
test results for three grooved seals with helix angles of 0°,
15°, and 30° against inlet fluid pre-rotation using the test
rig developed by Childs et al. (1986) with modifications
made by Pelletti and Childs (1991). Results showed that
increasing the helix angle yielded a progressive reduction in
the cross-coupled stiffness coefficient kc and progressive
increase in leakage. Helically grooved seals consistently
yielded negative cross-coupled stiffness coefficients for
non-pre-rotated inlet flows. The comparison between the
helically grooved and honeycomb-stator seals showed that
the former had reduced (negative) whirl frequency ratios for
non-pre-rotated flows; however, they were no better than
the latter for elevated fluid pre-rotation. For 15° and 30° of
helix grooves of the helically grooved seals, leakage was
about 1.6 and 2.2 times, respectively, as much as the honey-
comb-stator seals.

5. Circular-Hole or Triangular Pattern Seals

In this section, we review the experimental estimation of
RDPs for seals with different types of surface pattern. Childs
and Kim (1985) presented test results for the smooth-finish,
knurled-indentation, diamond-grid, and round-hole-pattern
stator configurations. Axially spaced pressure transducers
were provided to measure transient pressure fields. While
comparing with their own theory, Childs and Kim (1985)
observed that the predicted net damping increased for non-

smooth seals. Round-hole-pattern stators yielded the highest
net damping and lowest leakage. The seal was substantially
stiffer than the theoretical prediction, but the theory reason-
ably predicted the net damping. It was observed that the
maximum net damping was achieved by (a) a hole pattern,
which takes up about 34% of the surface area, and (b) hole
depths, which were about three times the radial clearances.
When compared with a smooth seal, the optimum configura-
tion increased the net damping by 37%, while reducing the
leakage by 46% and the direct stiffness by 23%.

Childs and Garcia (1987) obtained the direct force coeffi-
cients for saw-tooth pattern damper seals. It was found
experimentally that saw-tooth pattern seals showed more
damping than smooth seals but less than the round-hole-pat-
tern seals. The stiffnesses of the saw-tooth and round-hole-
pattern seals were comparable. The leakage of maximum-
damping configurations was greater for saw-tooth pattern
seals than round-hole-pattern seals; however, the leakages
for both types of seals were substantially less than smooth
seals. Iwatsubo et al. (1990) investigated experimentally the
static and dynamic characteristics of two types of triangular-
hole-pattern seals, which had the same hollow surface pat-
terns but different hollow depths. Test results showed that
leakages of triangular-hole-pattern seals were much smaller
than those of smooth seals, and for a given surface pattern,
there was an optimum hollow depth at which the seal yielded
the minimum leakage. Triangular-hole-pattern seals could
effectively restrict the pre-swirl velocity and reduce the cir-
cumferential velocity, thus ensuring better stabilizing per-
formance.

Childs et al. (1990c) found leakage rates, axial pressure
gradients, friction factors, and RDPs for round-hole-pattern
seals with no intentional pre-rotation. It was observed that
the leakage of hole-pattern-stator seals was approximately
one-third less than smooth seals for the same clearances, and
had approximately the same damping and about 20% lower
stiffness. Unlike earlier tests (Childs and Kim, 1986) varia-
tions in hole depths to radial clearance ratios showed no
clear optimum dimensions with respect to damping.

Childs and Fayolle (1999) studied two liquid annular hole-
pattern roughened stator seals using modified AGSTS (Mar-
quette et al., 1997) and observed that test results were con-
sistent with expectations with regard to the reduction of
cross-coupled stiffness coefficients due to the stator rough-
ness. However, the measured direct stiffness coefficients
were unexpectedly low. However, a theoretical model (Nel-
son and Nguyen, 1987) for RDPs incorporating the friction
factor data predicted a substantial loss in the direct stiffness,
and could not explain very low (or negative) values that
were measured.

Darden et al. (2001) described the effect of pre-swirl on
the stabilizing capability of both the damper (with a hole
density of 0.35) and smooth seals using the test rig and data
reduction techniques provided by Darden et al. (1999). Cen-
tered seal results were presented for both the smooth annular
and damper seals for a range of seal pressure drops, shaft
rotational speeds, and two levels of inlet fluid pre-swirls
(which was achieved by a shaft that incorporated 10 radial
fins located just upstream of the seal entrance). It was observed
that in the low pre-swirl testing, good agreement was
obtained for the direct stiffness of the smooth seal for both
cases of high and low pressures. The direct stiffness results
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for the damper seal indicated that the theory (Padavala et al.,
1993) overpredicted stiffness coefficients by approximately
50%. The dimensionless cross-coupled stiffness for the smooth
seal was underpredicted at higher speeds. The damper seal
cross-coupled stiffness curves indicated that the theory over-
predicted by as much as 15%. Good agreement between exper-
imental results and theoretical predictions was obtained for
the smooth seal direct damping for both high and low seal
pressure drops. In the high pre-swirl testing, the direct stiff-
ness for the smooth seal was overpredicted by approxi-
mately 20–30%. The direct stiffness for the damper seal was
overpredicted again by 50%. The smooth seal results indi-
cated that the theory overpredicted the cross-coupled stiff-
ness by roughly 10%.

Holt and Childs (2002) obtained RDPs for two hole-pat-
tern-stator seals and one smooth-bore seal using the test rig
developed by Childs and Hale (1994), and compared test
results with the two control-volume theoretical model (Kley-
nhans and Childs, 1997). It was observed that hole-pattern
seals exhibit frequency-dependent RDPs as predicted by the
theory. The measured effective direct damping and the leak-
age were close to those predicted theoretically; however, the
effective direct stiffness was underpredicted in all cases.
Also, RDP predictions improved with increasing pressure
ratio and the leakage decreased as cell depths increased.

Childs and Wade (2004) obtained RDP results for an
annular gas seal using a smooth rotor and a hole-pattern
roughness stator using the basic test facility developed by
Childs and Hale (1994) for three pressure ratios, speeds, and
pre-swirl ratios. It was observed that theoretical predictions
based on the two-control volume bulk-flow model (Kleyn-
hans and Childs, 1997) agreed with measurements very well
at high pre-swirl values, but underpredicted the direct damp-
ing and cross-coupled stiffness coefficients. Agreement
between measurements and predictions was significantly
better at the lower radial clearance (0.10 mm) than at higher
clearance (0.20 mm). They also estimated the stiffness and
damping arising from the exit seals, hose connections, etc.
To account for these additional elements, ‘‘baseline’’ tests
were conducted without the test seals. These tests were con-
ducted at reduced supply pressures to match the ‘‘real test’’
backpressures experienced by the backpressure seals.

6. Honeycomb Seals

In this section, we review RDP estimation of honeycomb
seals. Childs et al. (1991) modified the basic test rig devel-
oped by Childs et al. (1986) with the high-pressure supply, the
pre-swirl arrangement, and swept-sine excitations. Hawkins
et al. (1989) obtained the experimental measurements for
RDPs of a teeth-on-rotor labyrinth seal with a honeycomb
stator for the primary variables (i.e. inlet circumferential
velocities, inlet pressures, rotor speeds, and seal clearances)
and compared the results with the experimental results of
Childs and Scharrer (1988) and the theoretical results (Schar-
rer, 1988). It was observed experimentally that the honey-
comb-stator configuration was more stable than the smooth-
stator configuration at low speeds, but the stator surface did
not affect stability at high rotor speeds.

Childs et al. (1989) presented test results for the leakage
and RDPs for honeycomb seals of different cell depths and
diameters. The RDPs presented for a range of honeycomb

cell dimensions showed considerable sensitivity to the
changes in cell dimensions. Comparisons of the test data for
honeycomb seals with labyrinth and smooth annular seals
showed that the honeycomb seal had the best sealing (mini-
mum leakage) performance, followed in order by the laby-
rinth and smooth seals. For pre-rotated fluids entering the
seal, in the direction of shaft rotation, the honeycomb seal
had the best rotor dynamic stability, followed in order by
the labyrinth and smooth seals. For no pre-rotation, or fluid
pre-rotation against shaft rotation, the labyrinth seal had the
best rotor dynamic stability, followed in order by the smooth
and honeycomb seals. Elrod et al. (1989) developed a fric-
tion-factor model for an annular gas seal analysis similar to
that of Nelson (1984). Theoretical and experimental predic-
tions for smooth-stator/smooth-rotor and honeycomb-stator/
smooth-rotor seals were compared with experimental results
(Childs et al., 1989) and it was observed that the model pre-
dicted the leakage and direct damping well. However, it
overpredicted the dependence of the cross-coupled stiffness
on the fluid pre-rotation and poorly predicted the direct
stiffness. Childs et al. (1990a) obtained test results of hon-
eycomb annular seals for different pressure ratios across the
seal with a fixed supply pressure and compared them with
the theory of Elrod et al. (1990). It was observed that the
whirl-frequency ratio improved as the pressure ratio increased
and was very sensitive to changes in cell dimensions with
improved stability for larger cell sizes. Correlation between
theory and experiment was significantly worse for these
seals than earlier tests (Childs et al, 1989) of honeycomb
seals, due to the inadequacy of the fluid friction model in
the analysis (Elrod et al., 1990).

Childs and Ramsey (1991) obtained experimental RDP
results of a seal model (i.e. in the space shuttle main engine
under a project on “alternate turbopump development (ATD)”
for the high-pressure fuel turbopump (HPFTP)) for three
fluid pre-rotation cases and for four pressure ratios with and
without swirl brakes, and they compared the RDPs with the
theoretical results (Scharrer, 1988). Test results demonstrated
a pronounced favorable influence of the swirl brake in reduc-
ing the seal destabilizing forces. Without the swirl brake, the
cross-coupled stiffness (kc) increased monotonically with
the increase in the inlet tangential velocity. With the swirl
brake, kc tends either to remain constant or to decrease with
the increase in tangential velocity. The direct damping either
increased or remained relatively constant when the swirl
brake was introduced; however, the direct stiffness was rela-
tively unchanged. No measurable differences in leakage
were detected for the seal with and without the swirl brake.
Childs et al. (1991) presented RDPs from the test of the tur-
bine interstage seal for the high-pressure oxygen turbopump
(HPOTP) with two types of swirl brakes: conventional swirl
brake (designed by Rocketdyne) and alternate swirl brake
(aerodynamically designed by them) for the same fluid pre-
rotation cases and operating conditions. It was observed that
the alternate swirl brake consistently outperformed the con-
ventional swirl brake in terms of stability performances, and
yielded negative whirl frequency ratio values in comparison
to positive values for the conventional design, but no change
in the leakage performance.

Childs and Kleynhans (1992) extended the work of
Childs et al. (1989) and presented the effects of inlet fluid
pre-swirls, rotor speeds, inlet pressures, pressure ratios across
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the seal, seal clearances, and honeycomb cell widths on
experimental RDPs and the leakage of the short (L/D = 1/6)
honeycomb and smooth annular pressure gas seals. Results
showed that decreasing the honeycomb cell width reduced
the leakage. Rotor dynamically, shorter honeycomb seals did
not perform as favorably as longer seals (L /D = 1/3) when
compared with the labyrinth and smooth geometries. The
magnitude of RDPs and whirl frequency ratios increased
while decreasing seal clearances and absolute pressure
ratios. High sensitivity to the inlet fluid pre-swirl suggested
that short seals required an effective swirl brake to enhance
rotor dynamic stability. Dawson and Childs (2002) obtained
results from tests conducted using a experimental test facil-
ity (Dawson et al., 2002) to estimate RDPs and to measure
the leakage of the smooth and honeycomb straight-bore
annular gas seals; they compared the test results with the
two-control volume model of Kleynhans and Childs (1997).
They found that honeycomb seals did not fit well with the
conventional frequency independent model of smooth annu-
lar gas seals. Soto and Childs (1999) presented test results
using the test rig developed by Childs et al. (1986) for (i) a
labyrinth seal with and without shunt injection and (ii) a
honeycomb seal. It was observed from the results that, while
considering the effective damping, the labyrinth seal with
injection against rotation was better than the honeycomb
seal when the pressure ratio across the seal was less than
0.45 and honeycomb seal was better when the pressure ratio
was greater than 0.45.

Kwanka (2001) developed an estimation procedure based
on the stability behavior of a flexible rotor to determine the
RDPs. He tested seals with smooth/honeycomb stator and
teeth-on-rotor geometries with or without swirl brakes,
using the test apparatus described in Kwanka (2000). It was
found that seals with labyrinth rotor and honeycomb stator
could not always be recommended due to the small direct
damping. The use of a honeycomb seal in combination with
swirl brakes optimized (minimized) both the leakage and the
rotordynamic instability. Nielsen et al. (2001) presented
experimental and theoretical data for seals (labyrinth-rotor/
honeycomb-stator) with two interchangeable swirl brakes,
which were designed in connection with a research program
(see Childs and Ramsey, 1991) for four independent varia-
bles: supply pressures, pressure ratios, rotor speeds, and inlet
circumferential velocities. Numerical simulations were made
with the three-dimensional Navier–Stokes solver CFX-TAS-
Cflow from AEA Technology (1999), which is a general
purpose computational fluid dynamics code able to deal with
complex three-dimensional flows. It was observed that the
two interchangeable swirl brake designs considered were
effective in terms of reducing the seal inlet swirl, and thereby
improving rotor dynamic stability due to a very significant
decrease in the cross-coupled stiffness. Weatherwax and
Childs (2003) obtained test results for a honeycomb-stator/
smooth-rotor annular seal for eccentricity ratios up to 0.5 using
the basic test facility described in Childs and Hale (1994).
They compared the results with a two-control volume model
for honeycomb seals developed by San Andrés (1991). It
was observed that either leakage or RDPs have minimal sen-
sitivity to changes in the eccentricity ratio and theoretical
predictions agreed with experiments.

Honeycomb damper seals with the convergent-tapered
clearance were developed by Kaneko et al. (2003) to improve

static and dynamic characteristics of liquid annular seals
employed in pumps. Their characteristics were experimen-
tally investigated using the basic test facility developed by
Kanemori and Iwatsubo (1992). They compared their exper-
imental results with those for the straight-annular seal and
the stator-honeycomb-pattern seal. Experimental results
showed that the convergent-tapered damper seals as well as
the straight damper seal had lower leakage flow rates and
cross-coupled stiffness coefficients, and larger main damp-
ing coefficients than the straight smooth seal. This resulted
in larger effective damping coefficients, and these results
were mainly due to surface roughness (honeycomb pattern)
in the seal stator. Due to the convergent-tapered clearance
with damper, the seal had larger main stiffness coefficients
than others. The convergent-tapered damper seals had better
seal characteristics (i.e. decreasing the leakage and improving
the rotor stability capacity) than the conventional straight-
smooth and the straight-damper seals with the same rough-
ness pattern.

7.  Brush and Hybrid Seals

In this section we review the literature on the dynamic
characteristics of brush and hybrid seals. Suzuki et al. (1986)
presented test results (leakage) of a face seal and a floating-
ring seal for a liquid hydrogen turbopump for high speed and
high pressure. Conner and Childs (1993) obtained experi-
mental RDPs for a four-stage brush seal for different inlet
pressures, pressure ratios, shaft speeds, fluid pre-rotations,
and seal spacings. It was observed that the direct damping
slightly increased with running speeds; otherwise, the RDPs
are relatively insensitive to changes in test parameters. The
cross-coupled stiffness for the present case was generally
unchanged by increasing inlet tangential velocities to seals,
in contrast to conventional labyrinth seals. Comparison of
test results for the four-stage brush seal with an eight-cavity
labyrinth seal showed a high stability for the brush seal.

Pocket damper seals were shown to provide a remarkable
amount of direct damping to attenuate vibration in turboma-
chinery, but they generally leaked more than conventional
labyrinth seals if both seals had the same minimum clearance.
Conversely, brush seals allow less than half the leakage of
labyrinth seals, but have no significant amount of damping.
Laos et al. (2000) presented test results of the hybrid brush/
pocket damper seal (Figure 11) that combines low leakage
and high damping. They modified a computer code (based

Figure 11. A typical hybrid brush pocket damper seal (Laos
et al., 2000).
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on Vance and Schultz, 1993) written for the original pocket
damper seal to include the brush element. Results from the
computer code and experiments indicated that the hybrid
seal had less leakage than the labyrinth seal and had more
damping than the original pocket damper seal.

8. Uncertainty Analysis

Uncertainty of the test data is a result of the individual
uncertainties inherent with each instrument. Most researchers
(Childs and Scharrer, 1986, 1988; Childs et al., 1989, 1990a,
1991; Hawkins et al., 1989; Childs and Ramsey, 1991; Childs
and Kleynhans, 1992; Kurtin et al., 1993; Alexander et al.
1995; Childs and Gansle, 1996; Nielsen et al., 2001) have
used the method described by Holman (1978) to estimate the
uncertainty in the RDPs. The method is briefly stated as fol-
lows. Let the results R (e.g. RDPs) be a given function of the
independent variables x1, x2, …, xn (e.g. rotor speed, inlet
pressure, pressure drop, diameter, length, clearance, temper-
ature, force, excitation frequency, displacement, accelera-
tion, etc.). Thus,

R = R(x1, x2, …, xn). (7)

Let wR be the uncertainty in the result and let w1, w2, …, wn
be the uncertainties in the independent variables. Then the
uncertainty in the result is given as

(8)

with

(9)

where ∆x1, ∆x2, …, ∆xn are the small perturbations of the
independent variables. It should be noted that the uncer-
tainty propagation in the results wR predicted by equation
(8) depends on the squares of the uncertainties in the inde-
pendent variables wn. This means that if the uncertainty in
one variable is significantly larger than the uncertainties in
the other variables, then it is the largest uncertainty that pre-
dominates and the other may probably be negligible. The
relative magnitude of uncertainties is evident when one con-
siders the design of an experiment, procurement of instru-
mentations, etc. Most researchers have found the effect of
uncertainty measurement in the force, excitation frequency,
and displacement measurements on the stiffness, damping
and added-mass coefficients.

According to Childs and Ramsey (1991), the principal
source of uncertainty in the resultant force measurement
was the acceleration measurement for the stator. Although
more sensitive accelerometers are available, they cannot
generally be used when testing honeycomb seals, because
high-frequency acceleration spikes were frequently seen
with these seals, presumably because of Helmholtz acoustic
excitation of honeycomb cavities. Kanemori and Iwatsubo
(1992), Kaneko et al. (1998, 2003), and Childs and Fayolle

(1999) carried out uncertainty analysis using methods estab-
lished by ANSI/ASME (1986). Childs and Wade (2004)
obtained the uncertainty of RDPs for variation of excitation
frequency. They calculated the test uncertainty at each fre-
quency as the square root of the sum of squares of baseline
uncertainty and seal test uncertainty at each frequency.
Details of the authors who performed the uncertainty analy-
sis of the estimated RDPs are mentioned in Table 1.

9. General Remarks and Future Directions

1. For the last three decades there has been increased con-
cern over seal-induced instability, and hence there has
been an exponential increase in research on the RDPs of
seals. Theoretical and experimental estimations of the
RDPs of seals are much more complicated than for
bearings.

2. The cross-coupled stiffness force (e.g. kxy∆y) arises due
to fluid rotation within the seal clearance and acts in
opposition to the direct damping force (e.g. ) to
destabilize the rotor. Hence, to improve the rotor stabil-
ity, steps should be taken to reduce the net fluid rotation
within the seal by reducing the cross-coupled stiffness.

3. Small direct stiffness coefficients can be undesirable
from the point of view of rotor dynamics, since it may
decrease the rotor critical speed. Optimally tapered seals
have significantly larger direct stiffness than straight
seals.

4. Grooving on stator/rotor significantly reduces stiffness
and damping effects, possibly as much as 80% reduction
with wide and deep grooves. Having grooves on seal
stator (teeth-on-stator seal) is rotor dynamically more sta-
ble than having grooves on the rotor (teeth-on-rotor seal).

5. In labyrinth/honeycomb seals, the leak flow rate is less
than that in smooth annular seals. In brush seals, leak-
age is much less compared with labyrinth/honeycomb
seals. The major improvement provided by these laby-
rinth/honeycomb and brush seals is a significant reduc-
tion in tangential flow velocity within the seal, which
significantly reduces the destabilizing cross-coupled
stiffness effect. However, the bristle motion character-
ized by circumferentially traveling waves occurring in
the bristles leads to their premature wear-out. Laby-
rinth/honeycomb seals also yield a reduction in main
stiffness coefficients.

6. Honeycomb seals are used to eliminate rotor dynamic
instabilities in compressor or turbine applications. The
stability measured by the whirl frequency ratio
improves as the pressure ratio increases. The stability is
shown to be very sensitive to changes in cell dimensions
with improved stability for the larger cell sizes.

7. Swirl brakes in the upstream seal, which reduce the inlet
tangential velocity, could substantially reduce or elimi-
nate the cross-coupled stiffness coefficient, kc. To improve
the efficiency and stability margin of the pumps, it is
generally required that annular seals reduce kc and the
leakage flow rate and increase in the direct-stiffness (kd)
and direct-damping coefficients (cd).

8. The hybrid brush pocket damper seal is a combination
of pocket damper and brush seals, which are mainly for
high damping and low leakage, respectively. Therefore,
this seal combines high damping with low leakage.
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9. The geometry of rotary seals is quite complex and it
leads to difficulty in modeling and analyzing seals by
theoretical and computational methods. Analytical
models of rotary seals are multifaceted and still under
improvement with new seal designs. Analytical and
computational analyses methods of seals are tedious
and are still under development.

10. Various geometric parameters of seals affect RDPs,
such as diameters, clearances and lengths of seals, hole
diameters, density of holes and hole depths in hole-pat-
tern seals, and other dimensions defining different pat-
tern (honeycomb, triangular, etc.) seals etc. There is a
need to develop new mathematical models of seals
based on experiments to represent the behavior of
rotor-bearing-seal systems.

11. Available experimental data resources on RDPs of
seals can be used for only qualitative comparisons since
the number of parameters affecting RDPs is large, and
in several cases not all of these parameters are reported.
Hence, there is a need for standardization of the data
given in publications in the field of seal RDP estima-
tion. Moreover, for maximum usefulness to analysts,
the identified RDPs of seals should be documented in
tabular form and equation coefficients for curve fits
given along with the documentation of operating condi-
tions. There is a need for raw/processed measured data
to be made available and exchanged among the
researchers in the field.

12. Experimental estimation of the RDPs of seals has been
mainly obtained on dedicated test rigs under controlled
excitations. The validation of the seal RDPs using data
derived from actual machines in the actual operating
environment (from excitations inherent in systems) is
required. Synchronous unbalance responses, which can
easily be generated and are present inherently in any
rotor systems, should be exploited more for the estima-
tion of RDPs along with the estimation of residual
unbalances.

13. Frequency-domain methods are preferable in terms of
the quantity of data to be handled/stored. The signal-to-
noise ratio is found to be better for frequency-domain
methods, and hence the estimation of the RDPs of seals
is more reliable in the frequency domain. While using
impact tests (multifrequency tests) it is necessary to
remove the unbalance response from the signal, espe-
cially at higher speeds of operation. In multifrequency
tests (either by using an exciter or impact hammer) it is
assumed that the seal RDPs are independent of the fre-
quency of excitation, which may not be true for all
cases.

14. Theoretical, computational, and experimental error
analysis of RDPs of seals should be presented as an
integral part of all the estimates.

15. There is still a need for experimental work in the field
of rotor dynamics to study the influence of seals and
supports upon the rotor response, in particular for full-
scale rotor systems. New experiments should be
devised and more effective use of the available data
needs to be made, especially with the inherent practical
constraints for measurements and development of new
estimation techniques. 
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